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ABSTRACT
Modeling and Simulation of a Free-Piston Engine with Electrical
Generator using HCCI Combustion
Mohammad Alrbai
Free-piston engines have the potential to challenge the conventional crankshaft engines by their
design simplicity and higher operational efficiency. Many studies have been performed to overcome the
limitations of the free-piston devices especially the stability and control issues
The investigations within the presented dissertation aim to satisfy many objectives by employing the
approach of chemical kinetics to present the combustion process in the free-piston engine. This approach
in addition to its advanced accuracy over the empirical methods, it has many other features like the ability
to analyze the engine emissions. The effect of the heat release rate (HRR) on the engine performance is
considered as the main objective. Understanding the relation between the HRR and the piston dynamics
helps in enhancing the system efficiency and identifying the parameters that affect the overall
performance. The dissertation covers some other objectives that belongs to the combustion phasing.
Exhaust gas recirculation (EGR), equivalence ratio and the intake temperature represent the main
combustion parameters, which have been discussed in this dissertation. To obtain the stability in system
performance, the model requires a proper controller to simulate the operation and manage the different
system parameters; for this purpose, different controlling techniques have been employed. In addition,
the dissertation considers some other topics like engine emissions, fuels and fuels mechanisms.
The model of the study describes the processes within a single cylinder, two stroke engine, which
includes springs to support higher frequencies, reduce cyclic variations and sustain the engine
compression ratio. An electrical generator presents the engine load; the generator supports different load
profiles and play the key role in controlling the system. The 1st law of thermodynamics and Newton`s 2nd
law are applied to couple the piston dynamics with the engine thermodynamics. The model governing
equations represent a single zone perfectly stirred reactor (PSR) which contain a perfect mixing ideal gas
mixture. The chemical kinetics approach is applied using Cantera/ MATLAB® toolbox, which presents the
combustion process. In this research, a homogenous charge compression ignition (HCCI) at different
operational conditions is used. HCCI engines have high efficiencies and low emissions and can work within
a wide range of fuels.
The results have been presented in a multi-cycle simulation and a parametric study forms. In the case
of the multi-cycle simulation, a 100 cycles of the engine operation have been simulated. The overall work
that is delivered to the electrical generator presents 47% of the total fuel energy. The model indicates an
average frequency of 125 Hz along the operational cycles. In order to eliminate the cyclic variations and
ensure a continuous operation, a proportional derivative (PD) controller has been employed. The
controller adjusts the generator load in order to minimize the difference between the bottom dead center
(BDC) locations along the operation cycles. The PD controller shows weakness in achieving the full steady
state operation, for this purpose; a proportional integral (PI) controller has been implemented. The PI
controller seeks to achieve a specific compression ratio. The results show that; the PI controller indicates

unique behavior after 15 cycles of operation where the model ended to fluctuate between two
compression ratios only. The complex relation between the thermodynamics and the dynamics of the
engine is the greatest challenge in examining the effectiveness of the PI controller.
In the parametric investigations, EGR examinations show that NOx emission is reduced to less than
the half, as 30 % of EGR is used; this occurs due to the EGR thermal and dilution effects, which cause
significant drop in the peak bulk temperature and CO emissions as well. Under the applied conditions,
EGR has the ability to raise the work output ratio by increasing the engine compression ratio. The
examination of the EGR temperature on the engine performance indicates that cooled EGR charges have
the advantage over the hot EGR mixtures on enhancing the work output ratio. At the same time, EGR
temperature affects the NOx formation by speeding its instantaneous reactions rate. The dissertation
includes a study of the effect of the intake temperature and the equivalence ratio (φ) as well. The
increasing in the intake temperature reduce the time needed for ignition, but leads to a reduction in the
work output ratio at the same time. Such results can help in studying high knock resistance fuels where
ignition delay is a matter. In the case of the equivalence ratio, lean mixtures show efficiencies that exceed
50% compared to those at the stoichiometric conditions. In the case of the ultra-lean (φ<0.5) combustion,
the results show that the NOx emission is with the minimal levels as well as the CO and the unburned
hydrocarbons (UHC) emissions.
Sensitivity analysis to the chemical kinetic mechanism for the fuel combustion has been presented
also in the dissertation. Many mechanisms for different fuels have been investigated, for example; a
modified mechanism for Methane that includes 36 species and 222 reactions has been compared with
the full GRI 3.0 mechanism (53 species and 325 reactions). The results of this comparison indicate that the
modified mechanism has the potential to replace the full one in some cases like in demonstrating the
engine operation, but not in the engine emissions analysis.
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Chapter 1. Introduction
1.1 Linear engine
With increasing the energy demands in the world, searching for efficient, simple and durable engines
is required. Slider-crankshaft engines in both cases the spark plug and compression ignition have been
used for decades and they have many operation problems that require the thinking about better devices.
Linear (free-piston) engines have a simple design (no crankshaft) that makes them able to be the engines
of the future; they indicate high mechanical efficiencies due to the less friction losses, which are involved
within their operation. In addition, these types of engines can be presented in many different applications
like compressors, pumps and electrical generators. The ignition process in free-piston engines can be
driven by either spark, compression or HCCI ignition methods. When the free-piston device is used with
electrical generators, the HCCI combustion appears to be among the most suitable approaches [1].
In general, linear engine devices can be presented in two main configurations. The two cylinders’
linear engine has two opposite combustion chambers that have ignition at each end; as a result, the
compression ratio varies under the influence of combustion process primarily. The springs in the case of
the two cylinders’ linear engine have less stiffness since the strokes are completed due the pressure
difference between the two cylinders. On the other hand, the single cylinder version needs far stronger
springs because that is all that returns the piston along the compression stroke. As a result, the motion is
far more determined by the springs than the combustion
The operation in free-piston engine can include cyclic variations since the device has no fixed top dead
center (TDC) location and therefore a variable compression ratio. Working with variable compression ratio
gives the flexibility to the interior system especially the HCCI process. This unique cycle to cycle freedom
can be employed to serve the variable load requirements [1]. However, the cyclic variations increase the
controlling demands since steady state performance is usually desired [2].
Chemical kinetics is not introduced widely in the free piston engines where the majority of the studies
still use the empirical approach as tool to investigate the overall performance of the free-piston engine.
However, using chemical kinetics models as the driving paddle of the piston dynamics is a new interesting
task within the free piston models industry. In this research, the possibility of coupling the two polar
models of the free-piston engine has been introduced. The study investigates the chemical kinetics
approach to represent the HCCI combustion of the used fuels. However, the dynamic model is reflecting
the outputs of this combustion model in addition to any future improvements. Following this introduction,
the dissertation considers a comprehensive literature review for the different topics that belong to this
research.

1.2 Homogeneous charge compression ignition engines
The spark ignition (SI) and the compression ignition (CI) engines are still used and many modifications
have been done in order to enhance their performance, reducing their emissions. HCCI combustion
engines get a lot of attention because they are able to combine features from both of the spark and
compression ignition engines [3].
The advantages of HCCI technology include the ability of operating at diesel-like stoichiometric
compression ratios (>15), therefore; HCCI engines offer higher efﬁciencies (>40%) than conventional SI
engines [4]. Reducing the combustion peak temperature is one of the most important advantages of HCCI
1

combustion, since harmful emissions like NOx are reduced substantially. Not only the peak temperature
reduction but also limiting the formation of the rich fuel areas is another important advantage of HCCI.
The nature of lean combustion, which introduced in HCCI engines, has a strong effect in decreasing the
particulate matter significantly [3].
Combustion in HCCI engines needs the premixing of the fuel with the air. This premixing process is
required to ensure the homogeneous combustion. Fuel-air mixing could happen either in the manifold or
by the early direct fuel injection. Thereafter, the fuel-air mixture undergoes a compression process that
will increase its temperature up to the auto-ignition point where the combustion will start. The nature of
combustion in HCCI engines is considered as a rapid, sudden and simultaneous combustion burning
process [3].
The ignition in the HCCI combustion case is completely controlled by the chemical kinetics of the fuel
where it is controlled for example by the spark time in the case of the spark-plug engines. The oxidation
of the fuel by the air is driven by the chemical reactions only. Such type of combustion can happen under
two temperature regimes. The first is below 850K (cool flame combustion), while the high temperature
combustion is occurred around or above 1050K, between these two regimes the auto-ignition point can
be defined. The reactions that are primarily responsible for the auto-ignition at high temperature are
presented in equations (1.1) and (1.2) [5]:
HO2 ∙ +RH → H2 O2 + R ∙
(1.1)
H2 O2 + M → OH ∙ +OH ∙ +M
(1.2)
Where R is any hydrocarbon radical and M is any other molecules in the system. At the low temperature
combustion, the decomposition of H2O2 is very slow; this leads to different chain branching reactions.
Mainly, fuel structure and engine conditions are responsible about the nature of the combustion. For
example, long straight-chain alkanes and low research octane number (RON) fuels will undergo a cool
flame combustion. However, branched-chain alkanes, aromatics and high RON fuels will follow a high
temperature combustion process [6].
HCCI engines include many limitations ether when they are using highly lean or highly rich mixtures
[3]. For example, very lean mixtures can lead to incomplete combustion events, which will result with low
efficiency and relatively high levels of UHC and CO emissions. However, rich mixtures will probably end
up with misfire problems. This can happen if the fuel-air composition does not reach the self-ignition
conditions [3]. Since HCCI represents the knock phenomenon within the IC engine, it is possible to have a
damage within the entire engine parts, especially if the ignition process is not controlled properly [7].
The previous difficulties require a proper controlling in those devices that use HCCI combustion. The
inadequate control will not affect the system performance only, but it can lead to engine failure [2]. The
nature of combustion in HCCI engines looks like a random, sudden and multiple auto-ignition events that
occur throughout the combustion chamber. The locations where the hot gases and the fresh charge are
interacted have the best chance to ignite first, while a fully uniform auto-ignition combustion can be
observed also [8, 9].
Many studies like propagation speed investigation and spatial auto-ignition process improvements
have significant rule in controlling HCCI combustion. Attempts to control the HCCI combustion using high
compression ratios were applied. Planer laser induced fluorescence (PLIF) showed that the transition from
fuel-air mixture to combustion products was following a gradual trend [10]. In addition, many
2

mathematical analyses were performed to investigate the spreading of the high temperature spots in the
combustion chamber. Those spots are caused by the fast chemical reactions toward the colder regions
inside the engine cylinder [11, 12].
Using EGR is another technique that can affect the control of HCCI engines. The inhomogeneities that
are caused due to the improper mixing between the EGR gases and the fresh charge found to have a
significant effect on the auto-ignition process [10]. For example, when EGR gases are concentrated near
the cylinder walls, while the fuel-air mixture is in at the center of the cylinder, a noticeable performance
improvement was observed. In the opposite way, when the EGR gases are located near the center while
the fresh charge is near the wall, a slower HCCI combustion will occur [3]. These discrepancies may return
to many factors like, the differences in CR, the inlet charge conditions or the mixing method between the
gases [3, 4].
In. general, the operating range in HCCI devices is restricted by at low load by the misfire events which
can happen, in the other side, the operation is limited by a high pressure rates when high loads are
applied. Expanding the operating range of the HCCI engines is of one of the main concerns within these
engines industry. For example, to extend the high-load operating limit, turbocharging and supercharging
HCCI combustion techniques are considered usually [13].

1.3 Review of literature
Linear engine:
The concept of free piston engine is referred to as early as 1922, when Pescara [14] created his own
free piston compressor driven by a compression ignition combustion. Later on, Pescara invention led to
patent a multi-stage free piston air compressor in 1941 [15]. The free piston engine became a desirable
device since it has a simple design and less mechanical losses. The 1990s of the last century had many
developments in the free-piston engines applications like the electrical generators. Those machines got a
lot of attention since free-piston engines were among the most suitable devices to run them. In 1995, a
project funded by US army and granted to Southwest Research Institute and University of Texas at Austin
explored the feasibility of using the engine within the hybrid electric vehicles [16]. By 1998, both of West
Virginia University (WVU) and Sandia National Laboratories (SNL) had their own research projects in the
free-piston engine field. SNL investigations were examining the idea of implementing HCCI combustion in
free piston engines by using rapid compression machines. The modeling process was following a nearly
constant volume combustion that achieved Otto cycle behavior [17]. Later on, they expanded their work
by using numerical modeling of the system to investigate the feasibility of using HCCI combustion in their
models [18].
At the same time, another study was going on in SNL to predict the effect of the scavenging process
on both of the thermal and alternator efficiencies [19]. In this task, the result indicated that the cyclic
variations have a little effect on the scavenging process as low temperature charge is used [20]. Nowadays,
the researchers at SNL are examining newer engine versions; the engines come in the forms of twin and
opposed piston arrangements. In the new system, the researcher included a single centrally located
combustion chamber with outlying pneumatic bounce chambers to aid the controlling process [21]. SNL
system is described in Figure 1 where the system components are illustrated.

3

Figure 1 Sandia’s Free Piston Engine – Linear Alternator Prototype [21]

WVU researchers started their approach by building a prototype for experimentations. WVU
prototype was a gasoline fueled with 300 W power output. The stability of the engine was strongly
depending in the combustion time. This prototype expanded the space of the parametric study by
understanding the effects of many parameters. Peak pressure, engine frequency and compression ratio
were examined under the influence of combustion duration. However, the translator mass effect was
examined and it indicated a proportional relationship to the stroke length and the compression ratio at
the engine load and intake conditions. In the hand, it has an inverse relation with the engine frequency
[22, 23]. System frequency and efficiency were evaluated based on the effects of the fuel-air ratio,
injection time, frictional losses and geometry. At the same time, numerical investigations were performed
for simulations verification [22]. These investigations were the core of the second prototype which was
built with different specifications than the first prototype (Figure 2) [24]. The prototype represented a
diesel fueled, boosted, direct injected, port scavenged and dual cylinder engine. It was operating within a
frequency range of 50 to 60 Hz [25].
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Figure 2 Early experimental LE setup in WVU [22].

Another prototype was built in 2007 by Newcastle University. The prototype has a single combustion
chamber in addition to a bounce chamber for rebounding and therefore system control supporting. They
were examining the feasibility of HCCI control [26]. Although the results indicated a difficulty in controlling
the model, but wide opportunities were opened for testing HCCI combustion experimentally. At the same
time, a series of implementations was applied to the model based on those results [27]. Variable operating
conditions like SI [28] and CI [29] were tested and explored within the study. However, introducing a
bounce chamber with pressure profile and adding a dynamic translator were useful in controlling the
operation [30, 31]. Figure 3 shows a schematic of Newcastle University prototype as found in [27].
Recently many articles were published by Newcastle researchers to review challenges like piston motion,
heat transfer, vibrations, scavenging, lubrication and commercial expectations of the free piston engine
[32].

Figure 3 Device schematic of Newcastle University’s free
piston engine [27].

Free-piston engines researches have been done on many locations around the world, for example;
Chalmers University of Technology simulated a dual cylinder linear engine to investigate multi-fuel
capabilities of this device [33]. In addition, Pempek System (Australia) developed the free-piston 3 (FP3)
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concept which represents a package of three piston engines [34]. In France, a research done by IFP showed
an efficiency within the range of 50 % using high compression ratios and EGR [35]. The German Aerospace
Center (DLR) developed an 8 KW prototype that includes a mechanical springs with an operating
frequency of 20 Hz [36]. Toyota announced about a 10 KW single cylinder linear engine, this engine will be
used in hybrid vehicles as a system assistance device [37, 38]. By this time, a Korean group investigated
the free piston engine using a dual cylinder, spark ignited propane fueled prototype. They explored the
feasibilities of the system control and the possibility of transiting from spark to HCCI ignition approach
[39].
Model control is one of the most important and difficult tasks in free-piston investigations. It was
found that, some of the dynamical improvements have the potential to enhance the overall system
performance. For example, using springs has dual benefits by tailoring the piston dynamic to match the
HCCI combustion process and by supporting the piston during the compression stroke [40, 41]
The thermodynamics model is the major concern in this research since it includes the chemical kinetics
approach. However, the piston dynamics are also important as they present the supplementary part that
will complete the operation cycle.

Thermodynamics and chemical models:
Based on the aims of the study, the available resources and computational time approaches can be
considered from the least to the most complex [2]. Zero-Dimensional thermo-kinetics, quasi-dimensional
thermo-kinetics, segregated, sequential fluid mechanics –thermo- kinetics multi-zone approach and
multidimensional fluid mechanics with coupled kinetics are chemical kinetics models. They vary from the
simple to the complex respectively [2, 3]. Every model has its own advantages and disadvantages, in this
section a brief literature review will be introduced for each model as long as some of their advantages
and limitations.
Zero- dimensional thermo-kinetic model:
This model is considered as the simplest among the chemical kinetics models. In this model, a single
zone approach is used to simulate the in-cylinder gas mixture. First law of thermodynamic is applied to
the homogenous mixture of gases and for simplicity, the ideal gas law is considered. However, the effects
of fluid mechanics are not considered specifically. For example, it may be included to simulate the heat
transfer model when this model is required within the modeling process [2]. In addition, zero-dimensional
models have the ability to capture the main system outcomes like, work output, combustion time and
peak combustion pressure and temperature. On the other hand, these models are weak in detecting walls
temperature effects. This fact makes them inadequate for emissions prediction since a single homogenous
mixture is applied instead of multi-zones one [2, 3]. In addition, zero-dimensional models are missing the
ability of capturing the mixing process during the charge induction [2].
Goldsborough and Van Blarigan [18]at SNL simulated a free piston engine with high compression and
low equivalence ratios. They used a zero-dimensional model with full kinetics details for the used
hydrogen fuel. A full performance analysis was done to check the improvements and the limitations of
the entire system.
Aceves, et al. [42] simulated a single cylinder engine using hydrodynamic, chemistry and transport
(HCT) chemical kinetics code. The engine was working with 18:1 as a compression ratio at 300K as an inlet

6

temperature. The results indicated that the engine efficiency was within the range of 50% even when a
variable compression ratio was applied, while the NOx emission was below 100ppm.
Wong and Karim [43] studied the EGR effect on the performance of an n-heptane fueled engine. The
study approach used an analytical single zone model with chemical mechanism of 683 reactions and 158
species. In the other side, Yamasaki and Iida [44]examined an n-heptane fueled engine using CHEMKIN®.
Many parameters like, equivalence ratio, compression ratio, intake temperature and fuel composition
were tested.
Fiveland and Assanis [45] built a single zone model for a four strokes engine fueled by hydrogen. The
model describes the in-cylinder thermodynamics using a full detailed chemical kinetics approach. Physical
models of the HCCI engine processes were built also to investigate the system. In their research,
CHEMKIN® was the framework of the fuel species reactions. Two mechanisms were implemented, a
reduced mechanism with 11 species and 23 reactions and a full mechanism represented by the wellKnown GRI 3.0 mechanism.
Quasi-dimensional thermo-kinetic model:
The quasi-dimensional model represents potentially an extended zero-dimensional model that
includes extra considerations by applying multiple zones in the engine cylinder [2, 3]. One of the most
important advantages of those models is that the effects of the temperature stratification and near the
walls/crevice quenching can be derived and evaluated. This gives many improvements to the emissions
prediction process compared to the zero-dimensional. However, this feature of the quasi-dimensional
models adds extra computational cost and extra complexity to the applied approach [2].
Fiveland and Assanis [45] after their single zone model developed a quasi-dimensional model to study
the performance and the emissions levels of a supercharged engine. The model that was built to fill the
gap in the previous zero-dimensional one. It was able to predict emissions within 10-20 % for UHC and up
to 50% for CO at turbocharged engine conditions. At Ford Motor company, Easley, et al. [46] tested two
HCCI models, a single zone model and a quasi-dimensional one. Their simulations included a zerodimensional model to predict the main performance and to perform the parametric study. On other hand,
a quasi-dimensional model employed for emissions prediction and heat losses calculations. The quasidimensional model in their work had four different zones, crevice, boundary layer, inner core and otter
core. The heat transfer between the gas mixture and the environment through the different zones was
considered in the all zones except the inner one. A study of the effect of the boundary layer in engine
performance was done as well. It showed that CO emissions primarily arise because of the fuel flowing
out of crevices and boundary layer. This fuel will be partially oxidized and therefore produces those
emissions.
Node and Foster [47] examined the intake temperature effect on the HCCI combustion process. They
compared that with the effect of the equivalence ratio at the same time. They used a multi-zone model
for a hydrogen-fueled engine. Developing a full detailed chemical kinetics code linked with CHEMKIN®
libraries was the basic platform of their model. The results showed that the inlet temperature has the
dominant effect in controlling the HCCI combustion process. They believed that introducing appropriate
temperature inhomogeneity to the in-cylinder mixture would help achieving a stable and steady
performance.
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Segregated, sequential fluid mechanical - thermo-kinetic multi-zone approaches
Mixing process between gases prior combustion is the main aim of these approaches. Chemical
kinetics are tightly coupled with those models. Fluid mechanics solver is used also to model the reactants
and the diluted gases distributions based on sequestering the gases into number of zones [2]. After that,
the combustion process is simulated using a multi-zone approach as the one used in quasi-dimensional
models. The main advantage of this type of models is the ability to model the mixing process during the
induction stage, so that the effects of the inhomogeneity can be explicitly captured [2, 3].
Babajimopoulos, et al. [48] applied this approach to study the effect of the valve events and the gas
exchange process in the HCCI engine simulations. A multi-dimensional fluid mechanics code (KIVA-3V)
was used to model the whole process. Starting from the intake process passing by the compression one
up to the transition point before the combustion, all of that was covered by the introduced multi-zone
model. The model indicated that late intake valve opening has a potential effect in HCCI combustion
control.
Multidimensional fluid mechanics with coupled kinetics
This approach is the most complex and computationally intensive among the thermo-chemical
models. A full coupling process between the chemical kinetics and the fluid mechanics is required. Parallel
processing is required in order to simulate the whole processes of the combustion and the fluid motions
in the three dimensions. This fully coupled model has the ability to predict accurately the rate of
representation of the composition, temperature inhomogeneities and NOx and soot emissions [2].
Kusaka, et al. [49] performed a numerical study on the combustion and the exhaust gas emissions for
a duel natural gas engine using a multi-dimensional approach. A modified KIVA-3® and CHEMKIN®
subroutines present the model. It describes the oxidation process of the high carbon number fuels. The
results indicated that EGR combined with preheating could favorably reduce NOx and UHC emissions
under the fact that the combustion process is moved from the flame propagation to the HCCI one.

Thermo-chemical models used in free-piston engines
Models that describe the heat release in the free piston engines could depend on ether experimentalempirical correlations like Wiebe functions or on detailed chemical kinetics [3]. In the first approach, many
assumptions are applied to predict the combustion process. Usually in those models, enhancing the incylinder modeling process is not a main target of the study [2]. However, assuming combustion profiles
will simplify the problem simulation and will increase the flexibility of the whole system to include more
parameters effects. It will also give more space to validate the results with similar models in the literature
[1].
Based on a proper reviewing of the literature, it was found that chemical kinetics models are not used
effectively in the free piston engine simulations. The full coupling between the dynamic and the thermal
models of those engines is a new task. In addition, HCCI combustion occurs in a very quick and sudden
manner and it is fully defined by the fuel chemistry rather than the SI or CI timing [50].
FPE with HCCI combustion modeled by HCT software for chemical kinetics
In 1999, Goldsborough and Van Blarigan [18] at SNL used a zero-dimensional model (mentioned
before) to represent the in-cylinder thermodynamic processes in a free piston engine. The model was one
of the first serious attempts to implement detailed chemical kinetics in the free piston engine simulations.
Using an initialization scheme to start the simulation process was the basic step in their work. The bulk of
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the computational time was used to run this scheme. In the initialization scheme, a constant volume
combustion process is assumed. An auto-ignition point is guessed near the TDC. After that, they
implemented this initialization code to the HCT software which solves for the species reaction of the used
fuel. The engine cycle was completely driven by HCCI combustion of H2 as a fuel. A tuning process was
used to calibrate the engine performance toward a certain equivalence ratio. In addition, TDC combustion
and desired compression ratio were calibrated. A scavenging model was used to simulate the exhaust
gases blowdown process. The model was tested under different scavenging efficiency values. The results
were basically focusing on the conceptual aspects of the engine. A full comparison between the free piston
engine and the conventional crankshaft one was performed to show the differences between both of the
engines operation. At the same time, a basic parametric study was done by testing a range of different
values of the equivalence ratio, the scavenging efficiency and the CR. The dependency between the
previous parameters and their effects on the overall system performance were also investigated.
Goldsborough and Van Blarigan study could be concluded in five major points as following:

The CR of the engine is varying and it depends mainly on the input parameters. Fuel equivalence
ratio, intake temperature and scavenging efficiency are among the effective parameters. Good
controlling of the compression ratio can lead to higher thermal efficiency if the input parameters
are adjusted correctly.

The HCCI combustion process is a very rapid process; this fact gives the flexibility of using the
constant volume combustion assumption at the initialization scheme. This feature can help reaching
higher thermal efficiencies, at the same time; the combustion duration will have less effect on the
system performance.

Working under relatively low equivalence ratios has a strong effect on the NOx emissions levels, this
makes the HCCI approach suitable in such cases, especially that free piston engines have less friction
losses than the conventional crankshaft engines. On the other hand, oxidation catalysts for UHC and
CO emissions can be used since no exhaust gas after-treatment is required.

Scavenging has a significant effect on the engine efficiency. The introduced losses by this process
should be controlled by enhancing the overall engine dynamic design.

The HCCI combustion process is sensitive to the piston dynamics where early combustion (before
TDC) situation can lead to poor combustion efficiency. However, late combustion (after TDC)
process has the ability to increase the NOx emissions.
FPE simulation using KIVA®-SENKIN®
Li, et al. [51] published an article in 2008, which is describing the modeling of two-stroke free piston
engine coupled with electrical generator. The thermodynamic model was built based on KIVA® and
SENKIN® codes. An iteration scheme was used to initialize the engine cycle operation. Figure 4 shows the
flowchart of their modeling process.
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Figure 4 Associated input and output ﬁles for the chemical
kinetic model [51]

In the initialization scheme, the piston dynamics were driven using empirical model to simulate the
combustion process. This model was developed using Wiebe functions as a substitution of the chemical
kinetics at this stage. Then, an iteration process starts between the piston dynamics and the chemical
kinetics model until a steady state level is reached. A comparison between the crankshaft engine and the
free piston one was done and the results of the study were as following:
 The piston acceleration profile showed that the free piston engine has almost three times the
acceleration of the conventional engine, this decreases the residence time at the TDC, which leads to
lower peak temperature.
 TDC Investigations indicated that under variable external loads, the TDC location could be changed.
Based on this and with using lean mixtures, higher compression ratios can be obtained that leads to
higher thermal efficiencies.
 The engine model has a shorter burning time at high compression ratios than this at low compression
ratios. The peak pressure and temperature are less in the case of the free-piston engine than those of
the traditional engine. In addition, a reduction in the temperature-dependent emissions level is also
obtained.
FPE modeling using CANTERA®-MixMaster®
Recently in 2015, Zhang et al [52] published a new model for linear engines simulation under HCCI
conditions. The model was built with a very similar way to the previous two models by using Cantera
platform with MixMaster® to represent the chemical kinetics. The flowchart of their model is shown in
Figure 5 that describes the model-working path. Simple and variant piston profiles are employed within
the gas dynamic model. An iteration between the gas dynamic model and the kinetics model is applied
until the steady state point, at the same time, a pre-described piston profile is assumed to initialize the
simulation. The piston motion profile is given by equation (1.3), the piston motion is assumed to follow
an elliptical profile based on this equation. In the mentioned equation, A and B refer to the BDC and TDC
locations respectively, while f is the engine frequency, Ω is the ellipse ratio (minor axis/major axis), it
describes the shape of the ellipse and t is the time.
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Figure 5 Interaction between chemical kinetics and gas
dynamics [52].
A∙Ω∙cos(2πf∙t)

X=

√Ω2 ∙cos(2πf∙t)2 +sin(2πf∙t)2

+B

(1.3)

Six different types of fuels in addition to many piston motion profiles were tested and compared. The
results indicated that variable compression ratios could be achieved. Therefore, high thermal efficiencies
and less emissions levels could be obtained if a proper control is applied.

Heat transfer in IC engines
In engines design and modeling, heat transfer is playing a significant role; it is directly affecting the
thermal and mechanical efficiencies. Heat transfer in internal combustion engines is considered always as
heat loss from the engine cylinder walls, piston …etc. to the outside environment. Many models have
been modified to describe the heat loss in IC engines. Empirical formulas have been derived and
investigated within numerous models that vary in complexity and purpose of use [6]. Generally, heat
transfer correlations in internal combustion engines are divided upon three main groups. Time- averaged,
instantaneous spatially averaged and instantaneous local heat flux approaches [6, 7].
Time- averaged correlations
In this type of correlations, the temperatures of the coolant flow under variable operation conditions
is calculated. Based on that, an averaged time heat flow can be derived leading to averaged heat transfer
coefficient [6]. Basically, the heat transfer coefficient is expressed as groups of non-dimensional numbers
which describe the nature of heat transfer process in the system [6].
Taylor and Toong [53] in 1957 derived a formula which coupled the Nusselt`s number (Nu) and
Reynolds’s number (Re) based on different engines readings. Spark ignition with air and water coolants
engines were used in their study. CI engines with water as a coolant liquid were evaluated as well.
Heywood [6] and Annand [54] obtained data from operating engines over a wide range of piston
speeds and intake conditions like the fuel-air ratio. An expression with the following type had been
proposed:
Nu = aRen
(1.4)
Nu = k

̇
QB

(1.5)

g AP (Tg −Tc )
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ṁg B

Re = μ

(1.6)

g AP

Where Q is the heat transfer rate to the coolant, mg is charge mass flow rate, Ap is piston projected area,
B is the cylinder bore, kg is the thermal conductivity, Tg is the mean effective temperature of the engine
and Tc is the coolant temperature. The factor a in equation (1.4) represents the effect of Prandtl number
(Pr), while both of the factors a and m are chosen based on the best fit of an experimental data.
Following the expression in equation (1.4), Taylor and Toong [53] found that the Nu number is related to
Re number as:
Nu = 10.4Re0.75

(1.7)

Instantaneous spatially-averaged coefficient correlations
In this approach, a quasi- steady assumption is used to find the heat transfer coefficient. The heat
transfer is proportional to the temperature difference between the cylinder walls and the coolant fluid.
The instantaneous gas temperature is assumed to be uniformly distributed along the heat transfer area.
Annand [55] commented in this approach because of the fact that there is no theoretical or experimental
opinions that support it. Although the approach is accepted and is used widely, the comment came from
the idea that heat transfer varies from cycle to cycle in the IC engines. In addition, the heat capacity of the
working fluid causes a phase lag between the temperature difference and the heat flux at the wall-fluid
interface.
Eichelberg [56] is considered among those who did early attempts to predict the heat loss in
reciprocating engines. His equation for the heat transfer coefficient had been modified later on by Stone
[7], Annand [54]and Woschni [57]. The equation is given with the following form:
Q̇
A

1⁄

1⁄
2

= 2.43VP 3 (pTg )

h=

(Tg − Ts )

(1.8)

Q̇
A(Tg −Ts )

(1.9)

Where A is the instantaneous surface area, Tg is the instantaneous bulk temperature, Ts is the mean
surface temperature, p is the mean cylinder pressure and Vp is mean piston speed. Woschni [57] presented
a modified equation later on to combine the radiations effects by notifying the importance of the pTg term
in the old equation:
1

hc = 1.14 ∙ 10−5 ∙ (1 + 1.24VP )(p2 Tg ) ⁄3
(1.10)
Another widely used equation is the one obtained by Woschni [57]. This equation and those which
were mentioned before share the forced convection concept. The equation has a power law profile. At
the same time, it was found that it has less effect in modeling the heat transfer at certain time ranges like
after ignition and during the expansion stroke [2].
𝑁𝑢 = 0.035𝑅𝑒 0.8
(1.11)
In this study, a modified version heat transfer correlation of Woschni equation has been used. It
specifically modified for the free piston applications as mentioned in the reference where it has been
used.
Correlations for the instantaneous local heat transfer coefficient
Correlations under this approach were modified to fit specific locations inside the combustion
chamber like the piston or the cylinder walls. LeFeuvre, et al [58] modified an equation that describes the
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instantaneous walls heat flux at the cylinder head and the piston. The equation measures the heat loss
rate at different radial locations along the bore axis.
𝑞̇ = 𝑎

𝑘𝑔
𝑟

𝑅𝑒 0.8 𝑃𝑟 0.33 (𝑇𝑔 − 𝑇𝑠 )

(1.12)

Where Ts refers to the walls temperature. Dent and Suliaman [59] in 1977 proposed a newer version of
the previous equation by taking Pr as constant and equal to 0.73 which led to the following equation:
𝑞̇ = 0.023

𝑘𝑔 𝜔𝑔 2 𝑟
𝑟

(

𝑣

0.8

)

(𝑇𝑔 − 𝑇𝑠 )

(1.13)

Where ωg and r are the relevant velocity and the desired radius respectively.

HCCI control
HCCI combustion control is a difficult and complicated task within the IC engines operation. Closed
control loop is the most known method in controlling the HCCI process. Agrell, et al. [60] modified a
controlling scheme by implementing variable valve timing that tunes the compression ratio and controls
the time of ignition. Haraldsson, et al. [61] developed a control model by changing the fuel ratios in a
mixture of two fuels that will make the work output vary as the combustion time is controlled. Olsson, et
al. [62] used the same technique but with changing the engine CR instead of the fuel ratio. This change
resulted with a shifting in the ignition point. A physics-based approach is another method in HCCI control
models. Input-output controller can calibrate the HCCI process by affecting the process dynamics using
the input parameters like those of the engine geometry and fuel system [2].

Natural gas fuels
Many studies show that natural gas can be represented by components of methane, ethane, and
propane. Methane concentrations can be as low as 74.5% (by volume) while ethane and propane
concentrations can reach as high as 13.3% and 23.7%, respectively. Remaining percentages are typically
made up of higher order hydrocarbons, carbon dioxide, oxygen, nitrogen, and hydrogen sulﬁde [63, 64,
65].
For natural gas fueled combustion engines, signiﬁcant enhancement in the ignition of methane-based
fuels can be achieved using higher hydrocarbons additives [64]. An important environment to investigate
the significance of fuel additives is found in engine systems where variations in auto-ignition phenomena
are significant to performance. Combustion phenomena such as flashback and ﬂame stabilization can also
be of major concern. In some cases, the flame propagation speed will be more than speed of the incoming
reactants to the flame zone. In this case, the flame will be speared randomly which is known as a flashback
[66].
In natural gas fueled combustion engines, the methane number of the fuel is a good indicator for
knock resistance. Knock resistance is an important characteristic of fuel within the engine and it defines
the upper compression limit of the engine that is strongly tied to the efficiency. A fuel with high knock
resistant has a low propensity to auto-ignite and it enables the engine to operate at higher compression
ratios. When calculating the methane number, the highest possible index is achieved by pure Methane; it
is given the value of 100. In contrast, pure H2 fuel is given an index of zero, this means that Methane has
the highest knock resistance and H2 has the lowest [67, 68].
Compared to the other industry standard fuels, the Methane number (MN) for natural gas can be
represented using the motor octane number (MON). This is demonstrated in equations (1.14) and (1.15)

13

[68]. In the calculations, 𝐻/𝐶 presents the ratio between hydrogen and carbon atoms within the fuel
molecules.
𝑀𝑂𝑁 = −406.14 + 5080.4 ∙ (𝐻⁄𝐶 ) − 173.55 ∙ (𝐻⁄𝐶 )2 + 20.17 ∙ (𝐻⁄𝐶 )3

(1.14)

𝑀𝑁 = 1.624 ∙ 𝑀𝑂𝑁 − 119.1

(1.15)

In the current dissertation, the fuel combustion consists of a mixture of gases: Methane (CH4) at 80%,
Ethane (C2H6) at 11%, and Propane (C3H8) at 9%, which refer to a basic natural gas composition based on
US department of energy [69]. Such fuel composition represents a fuel with a low methane number [70].
The addition of ethane and propane fuel components acts to reduce the knock resistance of the fuel and
assist in the ignition process. Low knocking resistance reduces the compression required within the free
piston linear engine, and enables a wider set of input parameters for successful engine operation with
HCCI combustion.

Exhaust gas recirculation
EGR review
EGR is not a new technology in reducing engines emissions; it has a noticeable effect in reducing NOx
emissions specifically. This fact made it as one of the most interesting techniques in emissions reduction
field [71].Many researches showed that, a lower flame temperature could be achieved when lower
specific heat ratio is introduced. EGR includes H2O and CO2 that will reduce the speciﬁc heat ratio to levels
less than those found at air only. The increasing in the specific heat capacity and therefore the reduction
in the heat capacity ratio will end up with less flame temperatures. This fact is the key in NOx reduction
since those emissions is highly depending on the flame temperature. Using some CO2 within the intake
charge by recycling a fraction of the exhaust gas can lead to a higher specific heat capacity. Concurrently,
the EGR will dilute the oxygen O2 concentrations within the intake charge. Such observation is noticed in
lean mixtures combustion where the exceeded air will cool the mixture bulk temperatures. The mentioned
benefits of EGR have the potential to reduce the NOx emissions outputs significantly [72, 73, 74]
HCCI combustion method produces ultra-low NOx levels and near zero soot emissions. It provides
equal or greater fuel conversion efﬁciencies compared to that of the conventional combustion methods
[75, 76, 77]. Many reasons explain such features of HCCI combustion, at first, the nature of the multi-spot
spontaneous combustion associated with the HCCI combustion. This refers to the lean and premixed fuelair that produces high heat release rate (HRR) with low flame propagation. Another reason is the higher
thermal efficiency due to the higher compression ratio values that can be used. This factor represents the
close to constant volume, ideal Otto cycle heat release that helps in converting the fuel within a very rapid
process [77, 78]. However, the lack of the proper control for the ignition time, in addition to the difficulty
in achieving high engine loads cause a relatively high UHC and CO emissions in HCCI devices [78].
In conventional spark and compression ignition engines, EGR is used to decrease the combustion peak
temperature which lead to lower NOx emissions levels. The used amount of EGR has many limitations
within the SI and CI engines. among the main limitations are the misfiring and high formation levels of
UHC and CO emissions, the slow oxidation rates and the lower ﬂame temperatures are common reasons
for that. Such limitations are expected to be wider in the HCCI combustion machines where EGR
implementation have been investigated but not commercialized yet. Furthermore, excessive EGR affect
engine durability and performance. The corrosive and abrasive components like sulfur oxide increase the
piston-cylinder liner wearing [79].
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Some investigations were done by Zhao et al. [80, 81], in their study, different EGR effects had been
tested like the charge heating, dilution, heat capacity, chemical and stratification effects. Their study
indicated that the charge heating has the tendency to advance the auto-ignition process, increase the gas
HRR and decrease the burning duration. On the other hand, EGR dilution increases the combustion time
and slow down the heat release rate, but it has no effect on the auto-ignition process. The heat capacity
works in an opposite way to the chemical effect where the first one increases the burning duration while
the other reduces it slightly. The stratiﬁcation effects are concluded by presence of a high temperature
mixing regions. Basically, those regions describe the location where the hot gases meet the fresh charges.
On the other hand, excessive EGR will cause high dilution and low concentration of O2. As a result, unstable
combustion, misﬁring, and a high UHC and CO emissions levels were observed within the operation [81].
Machraﬁ et al. [82] studied the inﬂuence of the chemical aspect of EGR on the fuel auto-ignition. Their
results showed that OH radicals define how the reactivity of the auto-ignition is changed. The dilution
done by N2 and CO2 of external EGR increases the amount of the UHC emissions since O2 concentrations
will be reduced. By the same way, the high EGR dilution decreases the peak temperature; this leads to
have incomplete combustion that causes an increasing in CO concentrations [83].
EGR on free-piston engines
Limited HCCI studies that include the effect of EGR is found in the literature. One of those studies is
the study done by both of Xutao and Wangyang [84]. In their study, a model of two strokes free-piston
engine was used with HCCI combustion. They implemented a CFD code to simulate the combustion of
dimethyl–ether (DME) using a full reaction mechanism. The implementation of EGR technique was to
investigate its effect on the knock resistance. Based on their results, low knock resistance was achieved
at higher EGR ratios. In the other side, low thermal efficiency was noticed when excessive EGR is used.
The study does not consider NOx emissions as it assumed that HCCI combustion has low NOx emissions.
In current research, the EGR effect on the free-piston performance has been investigated by
comparing a range of EGR ratios. EGR ratios up to 30% of the exhaust gas have been used and compared
to no-EGR states. The resulted have represented in two paths, the first by assuming a constant intake
temperature. In this case, the EGR effect has been predicted solely. In the other side, multi-intake
temperatures have been assumed to demonstrate the effect of the coold and hot EGR charges. Through
the study, the EGR has been implemented based on a constant mixture mass where the O2 molecules are
replaced partially by CO2 and H2O molecules, while N2 concentration is constant before and after the EGR
adding.

Intake temperature effect on engine performance
A few studies accounted the importance of the of intake air temperature in defining the
characteristics of the HCCI combustion. Intake temperature investigations can help deeply in enhancing
the overall performance of the free-piston engine especially in the controlling side. Zhang et al [85]
investigated the effects of the intake air temperature and the equivalence ratio on the combustion
process and emissions formation. In their model that represents a four-stroke HCCI diesel engine, the
engine was fueled with many fuels like, ethanol, methanol and gasoline to perform the system
performance at a wide fuel range. Their results indicated increasing the intake temperature advances the
compression ratio and therefore the in-cylinder pressure. In addition, CO and UHC emissions formation
was found to decrease at relatively high intake temperatures, while NOx emissions start to slightly
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increase, as gasoline is the fuel. Maurya et al [86] investigated the effects of intake air temperature and
equivalence ratio on the HCCI combustion. Their model parameters were evaluated using a direct injection
diesel engine with Ethanol as a fuel. Stable ignition time was achieved at range of λ =2 to 5 where the
engine speed was 1500 rpm. Very low NOx emissions levels were observed at all stable operating
conditions; however, CO and UHC emissions were at higher values. Lida et al [87] in their study
investigated the effects of the intake air temperature, compression ratio, equivalence ratio and the engine
speed on the operational range of HCCI combustion engine. The engine was a single-cylinder, four-stroke
cooperative fuel research (CFR) engine fueled with n-butane. In their study, the HCCI operation was
achieved at 2000-rpm engine speed, 400 K intake air temperature and at 16.55 as a CR. Lower mean
effective pressure (IMEP) and the speciﬁc fuel consumption were obtained. Those values for HCCI
combustion were much less in comparison to the SI and CI engine models. UHC and CO emissions were
found to decrease when a greater load is applied. Recently in 2015, Cinar et al [88] performed a study to
investigate the effects of the intake air temperature on the in-cylinder pressure, the HRR, the ignition time
and the combustion duration. The model of the study was, a single-cylinder, four-stroke HCCI gasoline
engine with two different excessive air coefﬁcients. At 1200 rpm, a fuel blend of 20% n-heptane and 80%
isooctane fuels was investigated under HCCI conditions. A range of Intake air temperatures from 40 °C to
120 °C was applied to examine the effect of this parameter. Their results indicated that in-cylinder
pressure and the HRR increased with the increasing in the intake air temperature. However, the
combustion duration decreased in with gradual trend. In addition, they found that speciﬁc fuel
consumption and the NOx formation tend to increase at intake temperatures above 100 °C. CO and UHC
emissions were ﬁrstly increasing and then started to decrease at intake temperatures more than 90 °C.
In the case of the free-piston engine, it was found that there is no specific investigations that declare
the effect of any of the intake temperature or the equivalence ratio on the system performance. In the
coming sections, both of the intake temperature and the equivalence ratio effects on the free-piston
engine will be discussed in details.

The equivalence ratio effect on engine performance
Many investigations have been done to predict the effect of the equivalence ratio on the HCCI
combustion engines. Ghafouri et al [89] examined the effect of variable equivalence ratios on HCCI engine
using chemistry based CFD code. They observed that increasing the equivalence ratio has the ability to
delay the combustion process. They referred that to the compressive heating effect which is occurred at
lower intake pressures. In addition, higher peak pressure was observed at higher equivalence ratios. They
explained that by the high fuel energy that found at such high equivalence ratios. Another study by
Rahbari [90] used HCCI engine fueled by ethanol. It was found that the burning duration decreased at high
equivalence ratios due to the high reactions rate within the combustion process. The study indicated
variations in the in-cylinder temperature as lean mixtures were implemented. A drop in the peak
temperatures was noticed for those mixtures burning process. In the other side, less peak pressure was
obtained when low equivalence ratios are applied especially for ultra-lean conditions. Another study done
by Hamada et al [91] showed that higher peak temperatures would be observed when high equivalence
ratio is used. That is attributed to the increasing in reactions rate of fuel oxidation. Therefore, a greater
HRR will be obtained due to the higher presented fuel density. From emissions perceptions, the study
indicated a proportional increasing in the CO and UHC emissions intensity to the equivalence ratio. The
authors returned that to the higher combustion temperatures found at such conditions.
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Ultra-lean combustion
Ultra-lean combustion(𝑖. 𝑒. , 𝜙 ≤ 0.5) is considered as one of most effective techniques in designing
low emissions engines. The engines that can operate under ultra-lean conditions will have the lowest
combustion peak temperatures [92]. Practically, this is the effective mean of minimizing NOx formation
within the engine. The relation between the NOx formation and the combustion temperature refers to the
fact that when the combustion temperature is low enough, thermal NOx formation rate is too slow and
therefore the engine emissions will be almost near zero [93]. In addition, ultra-lean burn will improve the
engine thermal efﬁciency by improving combustion quality, reducing the heat transfer loss and extending
the range of the CR [93]. However, ultra-lean operation includes higher cyclic variations and more
instability in the combustion than the stoichiometric operation. Therefore, ultra-lean operation will be
efficient with light loads systems since at high loads, many difficulties are presented like those that belong
to the system stability and control [94].
Ultra-lean combustion is investigated limitedly within free-piston devices work since this kind of
combustion can increase the control challenges that are already presented in free-piston engine.
Experimentally, Greenwood et al [95] demonstrated the performance of a Hydrogen-Ethanol fueled
engine using ultra-lean charges. They found that that Hydrogen addition increases the lean operating
range. This lean operation helped in reducing NOx, stabilizing, and accelerating the combustion process.
In addition, the reduction in NOx was comparable to the efﬁciency of modern three-way catalyst and could
be a good alternative to the current NOx reduction technologies. Power output, thermal efﬁciency, and
volumetric efﬁciency were not affected by the ultra-lean conditions when fixed equivalence ratio was
applied. However, a reduced power output and low thermal efﬁciency were observed at over-limit
hydrogen addition. Another study done by Aliramezani et al [94] showed that using ultra lean HydrogenMethane blends results with higher thermal efﬁciency that is limited in stoichiometric mixtures where
more knock tendency is found.

Fuels and fuels mechanisms
Fuels
In this section, some of the fuels that have been used in modeling the current free-piston model are
introduced. The chemistry between the fuel species play a significant role in defining the ignition in HCCI
combustion devices. Examining the engine performance under the influence of different types of fuels
can help the engine design to avoid many problems like high emissions and the low efficiencies [96].
Natural gas for example is consisting of Methane mainly; this fuel is used widely within internal
combustion devices. The flexibility in storage and transport in addition to the less emissions compared to
coal are among the advantages of this gas. In the other side, the products of the natural gas burning have
many side effects like the corrosive properties that caused by some gases like SO2 and H2S [97]. Among
the fuels that got many attentions is the n-heptane, the low levels of particulates, carbon, sulfur oxides,
and nitrogen oxides are the features of this fuel combustion [98]. In addition, n-Heptane was superior to
natural gas fuel in energy releasing rate and it has lower water absorption, better miscibility with other
fuels [99]. Dimethyl ether (DME) is introduced in many studies and researches. Arcoumanis et al [100] in
their study concluded that DME can replace liqueﬁed petroleum gas (LPG), diesel fuel, and liqueﬁed
natural gas (LNG). In addition, the variety of the sources that can produce DME like coal, natural gas, and
biomass give this fuel the specialty in many applications [101].
17

Fuel mechanisms
The nature of the HCCI combustion that depends potentially on the species reactions within the
combustion chamber can be affected dramatically by the applied kinetics mechanism. In addition, the
complex nature of the chemical kinetics models is one of the main computing problems in combustion
simulation. In many cases, the aim of the study will focus on a certain species, however, the species
reaction will account for many other species within the fuel mechanism. Such accounting will increase the
calculation cost typically. Radicals for example are very reactive species; they are usually presented in low
concentrations. Such concentrations can play important role as intermediaries in the fuel reactions.
The elementary reactions that occur between the species can be ether fast or slow reactions. Those
reactions define the fuel mechanism; a simplified chemical kinetics model requires the derivation of the
simplest reactions system. Reduced mechanisms focus on the system parameters ether the global or the
local ones. Global parameters like ignition delay and flame speed are of major concern; in the other side,
parameters like the species concentration and the sensitivity rate coefficients are among the local
parameters [102]. The reduced reactions system must be able to retain the essential features of the full
original one.
One of the conventional techniques in mechanisms reduction is the steady state approximation
technique [103, 104]. This technique treats the appropriate radicals within the full mechanism so the
partial equilibrium state will be achieved potentially due the fast reversible reactions. In the other side,
the very slow reactions will be ignored in most cases. The identifying of the appropriate radicals requires
deep knowledge in evaluating the species reactions. Defining the species reactions between fast
elementary reactions and the very slow ones is the key in radicals’ treatment. Order of magnitude
approach can be used to estimate such reactions speeds by using information that depends on detailed
reactions mechanisms data. In most cases, the results obtained by mechanisms reduction are expected
to be valid only at specific ranges and conditions that belong to the original mechanism ranges.
The reactions in reduced mechanisms are not the same as the elementary mechanisms; they actually
represent groups of the detailed reactions that lumped together to a simpler form. For the study case,
this will make the reduced model more accurate within a specified area; however, the physical meaning
of the elementary reactions will be missing. Reduced mechanisms can undergo a sensitivity analysis to
obtain information that develops the mechanism. Finding the effective parameters that control the rate
of the chemical reactions is the objective of using this type of analysis. Sensitivity analysis concern about
determining the species concentration variations within the system, for example, if the reaction is slow
and unimportant, the system will not be sensitive to it. In the other side, when the reaction is very fast,
the system will be affected simultaneously as the reaction is occurred. In some cases, the sensitivity
analysis may not capture some of the important fast reactions, so less accurate mechanisms will be
resulted [105, 106, 107].
Many studies were performed to investigate the development of specific reduced mechanisms for
describing the HCCI combustion specifically. For example, Kim et al [108] developed a new reduced
chemical kinetics mechanism that contains 45 reactions and 28 species for DME combustion. They defined
the mechanism based on a given initial conditions like, the fuel-air mixture concentration, temperature
and pressure. The mechanism was used to predict those conditions as a function of the time. In their
results, they compared the measured data and the detailed mechanism to validate the new mechanism.
A good agreement was obtained when validating the initial pressure and peak temperature of the reduced
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mechanism. Another successful iso-Octane combustion mechanism was presented by Aceves et al [109].
In their mechanism, a fast and accurate prediction of the ignition timing in an HCCI engine was the
objective. The reduction process was done by reducing a detailed mechanism that contains 859 species
and 3606 reactions to one that has 199 species and 383 reactions. The two mechanisms were
implemented in a numerical simulation to compare some of the combustion features. The results
indicated high similarity in the pressure traces and the HRR between the reduced and the detailed
mechanisms. However, the calculated CO and UHC emissions by the reduced mechanism were different
than those predicted using the detailed mechanism. The reason was referred to the fact that the reduced
mechanism was developed for HCCI ignition predicting purposes only not for UHC and CO emissions
investigations. From computational time perception, the reduced mechanism required much less time
that could be as 2 hours vs. 2 days.

1.4 Chemical kinetics approach
Chemical kinetics
The science of the chemical kinetics interests in tracking hundreds of elements species and thousands
of their reactions [6]. Although chemical kinetics models are known since decades, but there are many
developments which happened in this field like introducing chemical kinetics in many CFD simulations [6,
7]. On the other hand, reducing the computational demands of the reactions is satisfied when a proper
managing and evaluation of the species reactions is considered [7].
Species chemical reactions:
The series of equations that describe the bond-making and bond-breaking steps that occurs during
the conversion of reactants to products are summarized within the fuel mechanisms [6]. These
mechanisms were found based on many factors. The number of the species, which is involved, the number
of the possible reactions, the effective reactions that were considered and those that had been neglected
are among those factors [7].
All models used in combustion chemistry share the same elementary kinetics reaction description,
where an Arrhenius law represented that, the rate of those reactions inside the mechanism was expressed
by the rate coefficient as [110]:
−𝑇𝑎

𝑘 = 𝐴𝑇𝛽𝑒 𝑇
(1.16)
The values of A,Ta and the temperature dependence coefficient β are completely dependent on the
reaction nature . The rate coefficient defines different levels of approximation to describe the kinetics
[110]. A good example is to look on a three mechanisms of Methane (CH4) as following.
- The Global one-step reaction mechanism of Duterque [111]:
CH4+2O2
CO2+2H2O
A=1.5E13, β=0.0, Ta=20,000 (K)
- The four- steps reaction mechanism of Joens and Lindstedt [112]:
CH4+2O2
CO2+2H2O
A=4.40E14, β=0.0, Ta=30,000 (K)
CH4+H2O
CO+3H2
A=3.00E11, β=0.0, Ta=30,000 (K)
H2+0.5O2
H2O
A=2.50E19, β=0.0, Ta=40,000 (K)
CO+ H2O
CO2 +H2
A=2.75E12, β=0.0, Ta=20,000 (K)
- The standard detailed mechanism GRI3.0 (53 species, 325 reactions) [113].
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Combustion chemistry:
The chemistry of combustion has a very important rule in treating environmental problems. Emissions
can be reduced if the nature of their producing reactions is defined correctly [7]. For example, NOx
emissions are one of those emissions; it can be effectively reduced by using HCCI combustion technique
[2].
The combustion in internal combustion engines is defined by the chemical kinetics knowledge of the
species reactions. Many of the combustion events features can be investigated based on the well
understanding of the chemical kinetics approach [7].
1.4.1.2.1 Ignition delay:
The time needed by the air-fuel mixture to be ignite is called the Ignition delay [6]. In HCCI engines,
the ignition process occurs under the influence of the increasing pressure and the temperature of the
mixture. This fact makes the chemical kinetics as the dominant in determining the process ignition time
[2]. The ignition delay is divided into two main periods, the time since the start of air-fuel mixing until the
attainment of chemical reaction conditions is called the physical delay [114]. Fuel atomization,
vaporization and mixing with air occur during this time. The viscosity of the fuel mixture controls this time,
such for low viscosity fuels, the physical delay is small and vice versa. The second period is the chemical
delay, which covers the slow starting of the reactions and the acceleration of these reactions until
inﬂammation or ignition is happened [114]. In general, chemical delay is longer than the physical delay;
however, the temperature of the surroundings has a strong effect on this time. Chemical reactions are
faster at higher temperatures thus physical delay becomes longer than the chemical delay in such cases
[114].
1.4.1.2.2 Combustion duration:
The whole process from the initiation to the termination of the combustion reactions is defined as
the combustion duration. Two major reactions groups are included within this period, the chain
propagating reactions and the chain branching reactions. Within these groups, different types of radical’s
processes are happening and once these processes reached the equilibrium state, the combustion will
end [115].

Species governing equations:
Species production rate:
The forward and backward stoichiometric reactions of Kth number of species is described by the
following equation [110]:

𝐾
∑𝐾
𝑘=1 𝑣′𝑘𝑖 𝜒𝑘 ↔ ∑𝑘=1 𝑣′′𝑘𝑖 𝜒𝑘(𝑖=1,…….,𝐼)

(1.17)

Where K is the number of species involve in the reactions, v is the stoichiometric coefficients, i is the
number of reactions covered by the mechanism , χ is the chemical symbol for the specie and the
superscripts (‘) indicates forward reaction while (‘’) refers to backward one.
The production rate 𝜔̇ 𝑘 of the kth species is the total summation of the rate of the progress for those
reactions that involve the species [110].
𝜔̇ 𝑘 = ∑𝐼𝑖=1 𝑣𝑘𝑖 𝑞𝑖
(1.18)
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Where 𝑣𝑘𝑖 = 𝑣′′𝑘𝑖 − 𝑣′𝑘𝑖 and 𝑞𝑖 is the rate of progress variable for the ith reaction which is given by the
difference between the forward and backward reactions rates [110]. The rate of the progress is illustrated
by equation (1.17).
𝑣′𝑘𝑖
𝑣′′k𝑖
𝑞𝑖 = 𝑘𝑓𝑖 ∏𝐾
− 𝑘𝑏𝑖 ∏𝐾
(1.19)
𝑘=1[𝑋𝑘 ]
𝑘=1[𝑋𝑘 ]
Where 𝑋𝑘 is the molar concentration of the kth species, 𝑘𝑓𝑖 and 𝑘𝑏𝑖 are the forward and backward rate
constants of the ith reaction given by equation (1.17).
1.4.2.1.1 Species mass conservation:
Assuming the reactor in Figure 6, the mass conservation of the species within the controlled boundary
of the reactor is following equation (1.20) [110].

Figure 6 Schematic Representation of a Well Mixed Reactor Module
[110].
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(1.20)

Here j is the reactor number, ρ is the mass density, Vr is the reactor volume, 𝑚̇𝑖𝑛𝑙𝑒𝑡 is the inlet mass flow
rate, and 𝑚̇ is the outlet mass flow rate. 𝑁𝑖𝑛𝑙𝑒𝑡 𝑗 is the number of inlets for each reactor j , while 𝑁𝑃𝑆𝑅 𝑗 is
total number of the reactor modules in the reactor network. 𝑅𝑟𝑗 is the fraction of the outflow of the
𝑗

reactor j . 𝐴𝑚 is the surface production rate of the kth species on mth material per unit surface area. 𝑌𝑘 𝑗 is
the mass fraction of the kth species. 𝑊𝑘 is the molecular weight of the kth species, 𝜔̇ 𝑘 is the molar rate of
𝑗

production of the kth species by the gas-phase chemical reaction per unit volume, and finally 𝑠̇𝑘,𝑚 is
surface reaction rate [110].
If no-inlet and no-outlet are considered, the reactor will be an internal combustion device (IC). Equation
(1.20) will reduced to [110]:
𝑗

𝑑𝑌𝑘
𝑑𝑡

=

𝜔̇𝑘 𝑗 𝑊𝑘

(1.21)

𝜌

1.4.2.1.2 Species energy conservation:
The energy conservation of the species is described in equation (1.22) [110].
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(1.22)

𝑈𝑠𝑦𝑠 represents the total internal energy of the system including, the internal energy of the gas, the gas
surface phase and deposited solid phase, Qloss is the net heat flux directed out of the reactors. Many
assumptions can be considered for modeling the heat loss within the reactor. In general, the heat loss is
calculated based on equation (1.21) [110]:
𝑄𝑙𝑜𝑠𝑠 = 𝐴ℎ𝑡 (𝑇 − 𝑇0 )
(1.23)
𝑄𝑠𝑜𝑢𝑟𝑐𝑒 in equation (1.21) refers to the energy deposited into the gas inside the reactor. The term P(dV/dt)
is the work done by the control volume and h is the enthalpy for the kth species at each reaction i. When
a close system reactor is assumed, the energy equation (1.22) will reduced to equation (1.24) [110]:
𝑗

𝑑𝑈𝑠𝑦𝑠
𝑑𝑡

= −𝑃𝑗

𝑑𝑉 𝑗
𝑑𝑡

𝑗

𝑗

− 𝑄𝑙𝑜𝑠𝑠 + 𝑄𝑠𝑜𝑢𝑟𝑐𝑒

(1.24)

Or in temperature form as:

𝜌𝐶𝑝

𝑑𝑇 𝑗
𝑑𝑡

=

𝑑𝑃𝑗
𝑑𝑡

𝐾𝑔

− (∑𝑘=1 𝑌𝑘 ℎk )

𝑗

(1.25)

Chemical kinetics software:
In order to simulate the combustion process, the governing equations, which were mentioned, need
to be solved. The nature of species reactions equations is very stiff. This refer to the fact that, the
combustion process is very rapid and random process. To solve the combustion reaction, regular methods
like Runge–Kutta will come out with inaccurate results or it may not work at all [2]. However, MATLAB®
ordinary differential equation (ODE) solvers like ode15s and ode23s have the ability to solve chemical
kinetics problems. The algorithms that were used in those solvers were set based on a variable time steps
numerical methods like Gear's method [116]. Many software packages can be used in order to feed these
solvers with the required reactions rate equations, the thermodynamic and transport properties [117].
Chemkin (a Chemical kinetics software) for example, it has a huge database which describes thousands of
reactions for many fuel types [110]. In this research, Cantera (a toolbox from California institute of
technology) will be used; it has almost the same features of CHEMKIN® but with more flexibility in
simulating special types of engines like the free position engine [117].
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Chapter 2. Research objectives and approach
2.1 Research objectives
The research objectives have been set based on the belief that chemical kinetics approach has many
advantages over the empirical one in terms of the accuracy. In addition, the fact that chemical kinetics
can provide a better estimate of the actual HCCI combustion process is another motivator of the study.
To make the study more specific, a model with a detailed geometry is used to investigate the following:
 The HRR effect on the performance of the free-piston engine.
This objective was set because of the importance of the HRR in defining the combustion output
pressure that affect the piston dynamics.
 The nature of the relation between the dynamics and the thermodynamics of the free piston engine.
This objective is an extension for the first one. Piston dynamics and the in-cylinder process affect
each other’s indirectly, based on that, good investigations of the piston dynamics could help in
achieving a better understanding of the HRR role.
 The system parameters effects on the engine performance.
The aim in this objective was to study the different system parameters and define the most effective
ones. This helped not only in optimizing the engine outcomes, but it defined the engine capabilities
and limitations as well.
 The possibility of establishing a realistic and efficient controlling system.
This objective considered the fact that HCCI combustion is a difficult process to be controlled. In
addition to the challenge that obtained by the unconstrained geometry of the free-piston engine.
Therefore, the controllers were designed to eliminate the cyclic variations in the free-piston engine
operation with the maximum possible effectiveness.

2.2 Research body
The study covers three sections, the simulation, the parametric study and the model control.
 Numerical simulation:
In this research project, all the tasks have been performed using numerical analysis. MATLAB® is the
main platform side by side with Cantera toolbox. Cantera algorithms for species reactions and their
thermodynamics properties feeds the MATLAB® main code. The general solution of system sub-models
has been performed and verified with Chemkin® results. This step is required to ensure that the calculated
HRR values are consistent.
At first, a fuel has been defined using Cantera by defining its mechanism. The mechanism includes all
of the participating species and reactions for the fuel. Basic hydrocarbon’s fuels like Methane (CH4), is the
main concern of this study. The huge available data for those fuels gives the flexibility to validate the
results with those in the literature. Thereafter, all of the state conditions before the combustion have
been defined. Initial pressure and temperature, air to fuel ratio (AF) and percentage of exhaust gas
recirculation (EGR) are examples for state definition parameters. Then, a set of equations consists of the
first law of thermodynamics, the ideal gas law and piston dynamics carry out the fuel-air mixture within a
multi-processes path. The mixture follows four main stages that are compression, combustion, expansion
and scavenging. Finally, a combustion model represented by Cantera equations of reactions has been
solved using an ODE solver in the MATLAB® main code.
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 Parametric study:
Once the numerical simulation results are available and validated, a parametric analysis can be done.
The effect of the different parameters on the system performance is the target of this task. Variable
equivalence ratio is one of those important variables. The fuel-air mixture can be defined as lean, rich or
stoichiometric based on the value of the equivalence ratio. Testing different states of equivalence ratio
helps to identify the optimal zones of the used free-piston engine model. EGR is also an important
parameter. It changes the fuel-air percentage (when constant mixture mass is assumed) by adding some
of the combustion products to the fresh charge.
This section of the study interests also in the sensitivity analysis of some parameters like fuel kinds
and mechanisms. Mechanism reduction for example is one of the good tasks that has been investigated
within sensitivity analysis part. The reduction in the fuel mechanism refers the concepts of considering
the main species reactions of the fuel, therefore; less number of species reactions that involve in the
combustion process. In the case of the fuels, the performance of the engine has been tested using
different types of fuels, In addition to fuels with different compositions like the natural gas.
 Model control:
In this part of the research, different controlling techniques have been applied using the system
parameters with the most impact on the performance. The controller is one of the main parts of the
system; it works based on input-output algorithm. The equilibrium between the desired values and the
feedbacks of the controller defines the steady state operation. The steady state operation has been
defined in this study based on the nature of the required results. For example, in the case of the multicycle simulation, the near steady state conditions have been reached with the minimal possible cyclic
variations. This gives the ability to the results to be validated and to be more realistic.

2.3 Research approach
To summarize the study procedure, many tasks have been set and treated in order to satisfy the
research objectives.
1. Task 1: Building the engine models
In this task, both of the dynamic and thermal sub-models of the engine have been established. The
main dynamic sub-model treats the different loads that affect the system. Generator, springs and friction
loads represent some of those loads. Generator is considered the monitor that introduces the engine
performance; it has a significant role in the controlling part as well. The dynamic model is covered by
Newton`s second law, where a forces balance is done over the engine`s piston, electrical, frictional,
potential and pressure forces define the piston motion with this law. The pressure force is the point of
concern since it will be the major thermodynamic sub-model output.
The in-cylinder thermodynamics sub-model is the core of this research. It has the direct relation to
the chemical kinetics approach. Represented by HCCI combustion, the chemical kinetics model has been
built and coupled with the dynamic one. Cantera is the platform of this model; it includes the fuel species
database in addition to the governing equations for those species reactions. Thereafter, a set of ordinary
differential equations (ODEs) have been written based on the first law of thermodynamics and the ideal
gas law. Solving this set of ODEs requires an advanced ODEs solver because of the stiffness of the chemical
kinetics reactions. The fact that fuel combustion is very rapid and fast process makes the solving of
reactions a very stiff process. Stiff equations solver has been used in order to solve these equations for
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the pressure variation over the engine piston. The thermodynamic sub-model feeds the dynamic one with
the required pressure force term. However, a heat transfer model has been also coupled with the incylinder thermodynamics by using a modified formula for Woschni. The formula considers the HCCI nature
and it has been used to demonstrate the effect of losing energy through the engine cylinder.
For both of the dynamic and thermodynamic sub-models many sets of parameters have been defined.
The engine geometry, the spring stiffness and the load profile are examples of the dynamic parameters.
On the other hand, fuel composition, intake conditions, equivalence ratio and EGR percentage are
thermodynamic parameters.
The results of this task follows two paths, a cycle-to-cycle simulation which is the main part of this
task and secondly, a basic parametric study. In the cycle-to- cycle simulation, the variation between the
engine`s cycles have been tested and treated using a proper controller. Model control, which is one of the
objectives is considered as the master key in obtaining system stability and eliminating the cyclic
variations. At the same time, stable single engine`s cycle has been employed for testing the effects of the
different model parameters.
2. Task 2: Model Parametric Study
Beyond task 1, a comprehensive parametric study has been performed to gain a full understanding of
the effects of the model parameters on the system performance. Many parameters have been tested
under this task. Engine geometries, translator mass and spring stiffness profile have been examined as
dynamic parameters, however, Intake pressure, inlet temperature, equivalence ratio and EGR have been
evaluated as in-cylinder thermodynamic parameters. The parameters effects is monitored using many
outputs like system efficiency and stability.
3. Task 3: Results verification
The model results have been verified and compared to results from different articles, a comparison
between the system outputs has been applied especially in those belong to the combustion process.
Numerical data has been used to validate the model results.
4. Task 4: Emissions analysis
In this task, the behavior of the system from emissions perception has been investigated. For example,
using HCCI is a good chance to investigate NOx emissions where HCCI combustion has low levels of them.
5. Task 5: Model control and optimization
The variations in the piston operation should be minimized in order to achieve a stable system
performance, at the same time; the controller must consider the maximum system efficiency. In the
current research, the electrical generator plays a significant role in controlling the engine. The variations
in the CR and the BDC are the used within the presented controllers. To satisfy the different engine loads,
the alternator has been set in the core of the controlling the system operation. The dynamic load profile
of the alternator has the potential to neutralize any disturbances that caused by the other system forces.
The effectiveness of the controller is satisfied when both of the minimum cyclic variations and maximum
efficiency are satisfied.
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Chapter 3. Free-piston and chemical kinetics approach
3.1 Free piston engine cycle processes
The cycle of the free piston engine follows four main processes:
 Compression of the intake charge up to the ignition point.
 Combustion of the fuel-air mixture, which define the HRR.
 Expansion of the combustion products.
 Scavenging or combustion products blowdown.
Two different approaches can be followed to model the previous processes. The first one is by defining
the four different process individually. In this approach, an assumed isentropic or polytropic process along
the compression and the expansion stroke is used. The HRR of combustion is defined by an empirical
correlation like the Wiebe function. However, the first three processes will be fully coupled within the
second approach. Chapter one equations (1.20), (1.21), (1.22) in addition to the heat release rate are
solved and calculated by the chemical kinetics model. This approach is more complicated but it has results
that are more accurate.

Empirical based approach
In this approach, the pressure and temperature are related to the piston position (volume) by the
specific ratio 𝛾 = 𝐶𝑝⁄𝐶𝑣 as following:
𝑃2
𝑃1
𝑇2
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𝑋
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(3.2)

Where P2, T2, V2, P1, T1, and V1 are the pressures, temperatures and volumes at the end and at the start of
the compression or of the expansion process respectively. Typically, m is the polytropic constant and it
can be equal to a certain value (𝛾) for a perfect isentropic process. When less value is introduced, this
mean that losses are included in the process [6].
To evaluate the HRR, an empirical formula can be used. Wiebe functions are the most well-known
formulas in this field. They have the ability to include some other effects like the walls temperature. A
double Wiebe function is assumed in those cases. An example of Wiebe function is illustrated in equation
(3.3) [23].
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(3.3)

Where dQc/dt is the HRR rate of fuel combustion, Qcomb is heating value of the fuel-air mixture, Cd is the
combustion duration, ts is the combustion starting time and a and b are the functional shape parameters.
The heat release rate is solved for pressure at first. The piston location then will be evaluated and used in
the next cycle.
In order to initiate the combustion, a correlation for the ignition delay is used to find the time needs
to start the combustion. Many methods are used to find this period, one of those methods is the knockintegral method (KIM). The correlation was derived using rapid compression testing machines output
data. KIM empirical formula has the following form [118]:
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𝑏

𝑛

𝜏 = 𝐴𝑒 ( ⁄𝑇)𝑃
(3.4)
Where τ is the ignition time delay, T and P are the fuel-air mixture temperature and pressure and A, b and
n are empirical constants which determined for each engine.
The combustion products need to be equalized after the expansion process. This process is called
scavenging or exhaust gas blowdown. The simplest approach to model the scavenging as a perfect gases
blowdown. This approach assumes that all of the combustion products are replaced by a new fresh fuelair charge at each cycle.
Atkinson, et al. [23] for example used this approach to model a free-piston engine operation. The P-V
diagram of their model is represented in Figure 7. The combustion process is not identical, instead it
follows the compression trend smoothly. Basically, the assumed Wiebe function influence this trend of
the HRR. The Wiebe function parameters were adjusted by matching the function profile to an
experimental date set. The scavenging in this model was assumed to be perfect.

Figure 7 In-Cylinder Pressure vs. Piston Assembly Displacement [23].

Figure 8 shows the difference between the velocity profiles of the free piston engine and the
conventional one. The free piston has elongated and semi-rectangle profile while the regular engine
profile has semi-egg shape. The fact that free piston engines have no crankshaft explain this difference
since no geometrical restrictions are applied on the piston motion during the compression and the
expansion strokes [51].
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Figure 8 Crankshaft Engine vs. Free Piston Engine cycle [51].

Chemical kinetics approach
Chemical kinetics models have the ability to simulate the compression, combustion and expansion
processes at the same time. The first law of thermodynamics and the ideal gas laws, in addition to the
combustion rate equations are coupled within the model solver. The solution of this set will result with a
unique cycle profile. The matching point between the piston dynamics and the mixture chemical kinetics
is the HRR of the burning fuel. The combustion process defines the pressure force, which is one of the
most important acting forces over the piston. This force causes the piston to move during the expansion
stroke due to the sudden and rapid increase in the in-cylinder pressure. In the other side, the piston will
store energy as well as the springs that supports the compression stroke in the next cycle.
Species reaction equations are very stiff and sensitive since a specific solver is required for this
purpose. On the other hand, the nature of the species reactions depends on the type of the mechanism
that is used to describe the species reactions. Full or reduced mechanisms can be used depending on the
results sensitivity and the computational cost, which is available.
Fortunately, species mechanisms and reactions are available within many software packages as long
as their thermodynamic properties. CHEMKIN®, KIVA® and Cantera are examples of those Software, they
have a full data set for many types of fuels. Some of platforms like CHEMKIN® has its own interface and
solvers. Cantera has been employed in this research with a MATLAB® ODE solver code. The solver has
been coupled with the dynamic sub-model in order to complete the simulation loop.
Goldsborough and Van Blarigan [18] used HCT (mentioned before) to simulate the species reactions
in a free piston engine using zero-dimensional approach. The modeling procedure in their work was
described in the literature review, section 1.3. The P-V diagram of their engine is shown in Figure 9. The
four main processes are clearly shown. The combustion process is represented as a step jump in pressure
at nearly constant volume, while the compression and expansion processes are identically following the
same trend.
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Figure 9 P-V diagram for a free piston engine using HCT [18].

Figure 10 shows the combustion event in Goldsborough and Van Blarigan [18] engine. The process is
rapid and fast and it looks like a step or jump in the pressure near the TDC. Figure 10 explains the
difference between the two different HRR approaches since the combustion event is identical.

Figure 10 Cycle pressure including the combustion event using HCT
[18].
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The products blowdown process was assumed to follow an S-shaped correlation derived by Sher and
Harari’s [119]. The scavenging efficiency is given in equations (3.5-3.7):
𝑇

𝜂𝑠 = (𝑇 ) 𝜂𝑐

(3.5)

0

𝑡

𝜂𝑐 = 𝜆 − ∫0

𝛽𝜆
𝑇
𝛽+(1−𝛽) 𝑏⁄𝑇

𝑑𝑡

(3.6)

𝑖

𝛿

𝛽 = 1 − 𝑒 −𝛾𝜆𝑡𝑠

(3.6)

𝑡−𝑡𝑠𝑜

𝑡𝑠 = 𝑡

(3.7)

𝑠𝑐 −𝑡𝑠𝑜

Where ηs and ηc are the scavenging and the charging efficiencies, β is the S-type exponential factor, T,T0
,Tb and Ti are the instantaneous , ambient, burnt gas and fresh charge temperatures respectively.
However, δ and ϒ are shape factors with almost values of 2.0 and 1.7 respectively; λ is the delivery ratio
and equal to the mass delivered of charge to the multiplication of the ambient density by the displaced
volume. ts is the non-dimensional time based on the scavenging port closed (sc) and opened (so). For
simplicity, the scavenging has been assumed as a perfect process in this study.

3.2 Model analysis and multi cycles simulation
The model describes the processes in a single cylinder, two stroke free piston engine, which is opposed
by a mechanical spring. Two main sub-models are introduced in order to simulate the engine
performance, the dynamic engine sub-model and the in-cylinder thermodynamic sub-model. The current
engine schematic is illustrated in Figure 11 (a) and (b). The schematic shows the engine components and
force balance on the translator. The compression spring acts to return the translator after cylinder
expansion to complete the engine cycle. Previous investigations by researchers at WVU have explored the
effects of springs within a free piston engine device [120]. The springs or some other rebound mechanism
such as a bounce chamber (i.e. air spring), are necessary for the single cylinder architecture, but can also
be used to tailor the motion of the translator. In Figure 11(b), the dynamic model and the in-cylinder
thermodynamic model are described according to the forces and thermodynamic terms important to the
system. Additional input parameters for the engine model are summarized in Table 1.
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Figure 11 (a) Free piston engine schematic, (b) Dynamic and thermodynamic model diagram.

Table 1 Parameters used in the simulation

Parameter

Symbol

Value

𝑏

30 mm

Maximum stroke

𝑆𝑚𝑎𝑥

51 mm

Distance to port

𝑑𝐸𝑃

35.7 mm

Moving mass

𝑚

0.5 Kg

Intake temperature

𝑇𝑖𝑛

600 K

Intake pressure

𝑃𝑖𝑛

100 Kpa

Spring stiffness

𝑘

232.5 N/m

Spring zero force location
Fuel (CH4[80%], C2H6[11%], C3H8[9%])
Air (N2 [79%], O2[21%])

𝑥𝑠
-

0.018 m
0.00084 (g)
0.01440 (g)

Bore

3.3 Dynamic sub-model
In the dynamic sub-model, the translator acceleration, velocity, and position are obtained from the
balance of the forces acting on the translator. These include the total friction force (𝐹𝑓 ), spring force (𝐹𝑠 ),
force due to gravity (𝐹𝑔 ), the alternator load force (𝐹𝑤 ) and the cylinder pressure force (𝐹𝑃 ). The forces
can be written in a dynamic equation using Newton`s second law as in equation (3.8):
𝑑2 𝑥

𝑚 𝑑𝑡 2 = 𝐹𝑃 − 𝐹𝑤 − 𝐹𝑔 − 𝐹𝑓

(3.8)
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Where 𝑚 is the piston mass, 𝑥 is the piston position with the reference point shown in Figure 11 (a), and
𝑡 is the time. Each force is described in the following equations.
𝐹𝑃 = 𝐴 ∙ 𝑃

(3.9)

𝐹𝑔 = 𝑚 ∙ 𝑔

(3.10)

𝐹𝑓 = 𝐶𝑓 ∙ 𝑠𝑖𝑛 𝑥̇

(3.11)

𝐹𝑠 = 𝑘 ∙ (𝑥 − 𝑥𝑠 )

(3.11)

In equations (3.9) through (3.11), 𝑃 is the instantaneous in-cylinder pressure, 𝐴 is the piston area, 𝑔 is the
acceleration due to gravity, 𝐶𝑓 is the friction coefficient. The spring force Fs depends on its stiffness (𝑘)
and its free length, zero force location (𝑥𝑠 ).
One of the main force in this sub-model is the alternator load. This load can be presented in different
profiles in order to seek the steady state operation. Examinations of the effect of alternator load shape
have been considered within this dissertation by applying different load profiles to control the system.
The load profile could have the potential to obtain the steady state performance especially if it`s shape fit
with the other forces. However, deeper investigations can be performed in the future to check the
performance of the engine model under different load profiles. In the meanwhile, a sinusoidal load has
been considered within the basic simulations, the load force is shown in equation (3.12) [40, 41].
𝐹𝑤 = −𝐶𝐴 ∙ (1 − 𝑐𝑜𝑠 (𝑆

2𝜋

𝑚𝑎𝑥

∙ 𝑥)) ∙ 𝑠𝑖𝑔𝑛(𝑥̇ )

(3.12)

In the above equation, Smax represents the maximum possible stroke length and CA is the alternator load
coefficient.
The alternator load force is considered in this study because of the nature of this load that can play a
significant role in controlling the performance. However, this research does not focus specifically on the
load shapes, but instead it assumes one-half of a sinusoidal load profile. The sign of the velocity is applied
to the profile to ensure the force opposes the motion of the translator. The shape of the load profile is
dictated by the engine geometry and instantaneous translator position so that the load is zero at the
positional boundaries (0 and 𝑆𝑚𝑎𝑥 ) and achieves its peak force at the halfway point between the
boundaries (𝑆𝑚𝑎𝑥 /2). Later on this dissertation, another controller is discussed; the PI controller, which
seeks to obtain a specific CR value, considers the piston velocity as a main factor to achieve the steady
operation.
A comparison between constant and variable loads can be found in Figure 12. The difference can be
noticed in the compression and expansion strokes clearly. The piston velocity will start to increase near
the BDC and decrease near the TDC in the case of the sinusoidal load. However, the two profiles share
similar behavior during the combustion process; this may indicate that the load shape has a little effect
on the ignition process.
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Figure 12 Effect of load profile of the piston dynamics [41].

3.4 Thermodynamic sub-model
The second primary sub-model is the in-cylinder thermodynamics. This sub-model includes the HRR
calculations and all of the fuel chemistry. Many approaches can be used to estimate the heat released by
the combustion. The empirical approach, which is represented by correlations like the Wiebe function, is
commonly used, but its accuracy depends on the correlated parameters and cannot be applied generically
[6]. Chemical kinetics considered one of the best tools because of its ability in predicting the ignition timing
and heat release as well as the emissions products of the combustion event [7]. The kinetics sub-model
includes multiple species and pathways, rather than the combination of a fraction of fuel burned with a
complete combustion enthalpy. In addition to the heat release, the thermodynamics sub-model includes
calculations to predict cylinder heat loss and gas exchange.
In this research, the thermodynamic sub-model is the central of the all investigations because it
includes all the chemical kinetic calculations needed to represent the interactions of the air-fuel mixture.
The sub-model covers the main engine processes including the intake charge compression, combustion,
expansion and scavenging.
The first law of thermodynamics, in addition to the ideal gas law, provides the foundation for the
thermodynamic model. These two laws are given in equations (4.7) and (4.8), respectively.
𝑑𝑈
𝑑𝑉
= −𝑃 𝑑𝑡 −
𝑑𝑡
𝑑𝑃
𝑑𝑉
𝑉 𝑑𝑡 + 𝑃 𝑑𝑡 =

𝑄̇𝐻𝑇 + 𝑄̇𝑐𝑜𝑚𝑏

(3.13)

𝑑𝑇

𝑚𝑅 𝑑𝑡

(3.14)

In equation (3.14), the time rate of change of the internal energy of the cylinder mixture (𝑑𝑈/𝑑𝑡) is
dependent on cylinder pressure (𝑃), the time derivative of cylinder volume (𝑑𝑉/𝑑𝑡), and rate of heat
exchanged by heat transfer (𝑄̇𝐻𝑇 ) and fuel combustion (𝑄̇𝑐𝑜𝑚𝑏 ). In order to obtain the piston position,
equations (3.8), (3.13), and (3.14) need to be solved as a system using ODE solver.
The cylinder charge is represented as a perfectly mixed, ideal gas; compression and expansion are
calculated with temperature dependent specific heat ratio and heat transfer between the gas and cylinder
walls; combustion heat release is predicted with a chemical kinetics full reaction mechanism; and the gas
exchange process is simplified to be perfect and instantaneous. The spring force is linear with respect to
displacement and no material restrictions.
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Chemical kinetics model
The chemical kinetics is responsible about the in-cylinder species reactions within a PSR reactor where
the reactants are perfectly mixed and burn homogenously. This kind of reactor is useful for examining
highly mixed IC engines, residence time issues and high temperature chemical kinetics [121]. Cantera
solves the time-dependent reaction equations where those equations represent the evolution of the
chemical and thermodynamic state of the reactor [117]. The heat rate of combustion is calculated using
the following formula [110]:
𝑄̇𝑐𝑜𝑚𝑏 = −𝑉 ∙ ∑𝑁
𝑖=1(𝜔̇ 𝑖 ∙ ℎ𝑖,𝑚 )

(3.15)

Where 𝜔̇ 𝑖 is the net production rate of the species 𝑖, ℎ𝑖,𝑚 is the molar enthalpy of the species 𝑖, and N is
the total number of species involved in the reaction mechanism.
The contents of PSR reactor follow species reactions according to a specified kinetic mechanism. A
variety of reaction mechanisms is available and used throughout the literature. The reaction mechanism
used in this study is the well-known GRI3.0 [113] mechanism. This mechanism includes 53 species with
more than 300 reactions of these species. Many programs are available to solve the reaction equations
such as Cantera®, which is used in this study.
To give a better idea about the nature of the reactions which are involved inside the mechanism, a
global reaction demonstration is helpful. For example, in the case of GRI.30 mechanism, hydrocarbon fuels
in the form of CxHy can be represented in two ways. The first (equation 10) is a single global reaction [122].
𝐾𝐺

𝐶𝑥 𝐻𝑦 + (𝑥 + 𝑦/4)𝑂2 → 𝑥𝐶𝑂2 + (𝑦/2)𝐻2 𝑂

(3.16)

Alternatively, a multi-step reaction process like that given in equations (3.17) to (3.20) can represent the
total reaction.
𝐶𝑛 𝐻2𝑛+2 → (𝑛/2)𝐶2 𝐻4 + 𝐻2

(3.17)

𝐶2 𝐻4 + 𝑂2 → 2𝐶𝑂 + 2𝐻2

(3.18)

𝐶𝑂 + (1/2)𝑂2 → 𝐶𝑂2

(3.19)

𝐻2 + (1/2)𝑂2 → 𝐻2 𝑂

(3.20)

The above equations represent the basic destructive and constructive reactions process for the fuel.
Intermediate hydrocarbons like (C2H4) will be produced at the first stage of combustion where a bonds
breaking is happen to the fuel molecules. These new less branches hydrocarbons will be oxidized. The
products of the oxidation will be oxidized also producing the final combustion products (CO2 and H2O).
For the full reaction mechanism, both destructive and constructive reactions occur. Destructive reactions
include those that occur as the fuel is broken down. Constructive reactions are those that result in the
formations of many of intermediate products like CO2 and H2O. Additionally, these reactions continue
both backward and forward simultaneously until the final chemical equilibrium state is reached [113].

Heat transfer model
A modified version of Woschni`s correlation has been used to describe the heat transfer between the
cylinder gas and wall of the engine. The correlation considers the nature of the free piston dynamics in
addition to that of the HCCI combustion. The heat transfer coefficient and the heat transfer rate are
described in equations (3.21) and (3.22), respectively [52, 123]
ℎ = 3.26 ∙ 𝐵−0.2 𝑃0.8 𝑇 −0.55 𝑉𝑃 0.8

(3.21)
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Where B is the used engine bore, p and T are the instantaneous in-cylinder pressure and temperature and
V is the mean velocity of the mixture gases and it is assumed equal to the mean velocity of the piston,
therefore the heat loss rate will be [52]:
Q̇ 𝑙𝑜𝑠𝑠 = ℎ ∙ 𝐴𝑤𝑎𝑙𝑙 ∙ (𝑇 − 𝑇𝑤𝑎𝑙𝑙 )
(3.22)
The heat transfer coefficient (ℎ) is dependent on the cylinder pressure (𝑃) and temperature (𝑇), and
cylinder gas velocity term 𝑉𝑃 which is empirically correlated [123]. The heat transfer then depends on the
instantaneous surface area of the cylinder (𝐴𝑤𝑎𝑙𝑙 ) and wall temperature (𝑇𝑤𝑎𝑙𝑙 ). For a simulation, the wall
temperature is calculated as the mean wall temperature of its corresponding adiabatic cycle.

3.5 Simulation procedure
An iterative procedure between the two sub-models (using MATLAB® and Cantera® toolboxes) is used
to simulate engine performance. The simulation starts with the dynamic model by applying the force
balance on the translator. The translator initial position is set to coincide with the port closing position
and its initial position is set to zero. Motion of the translator results from the acceleration computed from
the force balance. Integration of acceleration yields the position profile, which is then used in the
thermodynamic model to calculate the cylinder pressure based on intake conditions and heat loss. The
point of ignition of the fuel is calculated using the chemical kinetics model and depends on cylinder
mixture conditions. For a given simulation, the intake conditions, wall temperature, and heat transfer
correlation remain fixed so that the cylinder charge is the same at each cycle. The point of ignition varies
from cycle to cycle due to cyclic variance in the translator velocity at the start of compression stroke.
The simulation process is explained in Figure 13 where all the previous models are described within
the process flowchart. The procedure starts with the dynamic model, which calculates initial position data
for the translator based on initial conditions assumed within the engine cylinder. These position data are
then supplied to the thermodynamic and chemical kinetics models represented in MATLAB® and Cantera®.
Then, the thermodynamic data (specifically the cylinder pressure) are returned to the dynamic model
where the position and velocity of the translator are recalculated. This iterative procedure is terminated
once the mean squared error between subsequently calculated volume profiles is below a specified
tolerance (10-8), and the total procedure is repeated for each engine cycle.
To simplify the simulation in this study, the scavenging process is assumed to be perfect, meaning no
cylinder gas is retained from cycle to cycle, and all of the conditions in the cylinder are returned to the
intake conditions immediately when the ports open [54].
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Figure 13 Flow chart diagram of the simulation model.

3.6 Simulation pre-processing
To start the simulation process, some pre-processing steps are needed. Defining the fuel composition
and the amount of needed stoichiometric air are included under this task. To speed up the calculations, a
MATLAB® function was written to evaluate the stoichiometric air quantities need by the implemented
fuel.
The simulation will start under the influence of assumed motor pressure. A polytropic process is
considered at first to create the initialization profile. A variable specific heat ratio is assumed within this
scheme to include the effect of increasing charge temperature. In the main code, the produced piston
volume values and their rate of change generate the estimated pressure and temperature profiles. At this
stage, the combustion model by Cantera solves the reactions equations for the actual pressure values. At
the same time, the model reflects the effect of the combustion process on the pressure diagram in the
next iteration. Finally, the new profiles are used to create a corrected volume profile at the dynamic
model. This process will keep in back and forth until an enough tolerance point is reached.

3.7 Multi-cycle simulation
The simulation is described by 100 cycles of engine operation under the stoichiometric conditions.
The average frequency of those cycles is found to be 125 Hz. HCCI combustion occurs at each cycle if the
fuel-air mixture is compressed to the point of auto-ignition. All of the main processes for each cycle are
demonstrated in Figure 14, the figure represents the in-cylinder pressure variation with respect to the
piston position. In the figure, multiple profiles are evident, showing the initialization cycle with the earliest
combustion and shortest stroke length. After the initialization cycle, the model controller adjusts the
alternator load to achieve near steady state conditions.
Around top dead center (TDC), the adverse work region is indicated. Zooming in on this region would
reveal an inversion of the pressure-position profile. Negative work occurs on the piston as it moves
through top dead center because of two phenomena. First, ignition of the rapid HCCI combustion event
occurs sufficiently prior to top dead center. Second, heat transfer detracts from the combustion energy
held within the cylinder more rapidly than the cylinder pressure can return the translator through its
expansion stroke.
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Figure 14 Pressure versus position diagram.

Figure 15 illustrates the solution of the dynamic model stemming from the equation of the forces
balance where the translator position, velocity, and acceleration are calculated for the current simulation.
The number of simulated cycles presented in the figure obscures the shape of the path taken by the piston
during any single cycle, but Figure 16 helps to provide a sense of scale for the piston motion. Referring
back to Figure 14, the minimum volume is achieved when the translator is at its minimum position (TDC).
Figure 15 shows that the translator oscillates so that the piston is always between 0 and 40 mm away
from the cylinder head. This follows because the cylinder pressure is infinite at 0 mm. Also, the given
average frequency of the simulated engine (125 Hz) means that the 100 simulated cycles are completed
in less than 1 second.
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Figure 15 Position, velocity, and acceleration versus time for the first 0.2 seconds of simulated operation.

Figure 16 describes the translator velocity profile based on its position. The profile is ‘egg-shaped’
with the TDC and BDC positions along its major axis (the horizontal axis corresponding to translator
velocity equal to zero). The profile lacks symmetry because the maximum velocity achieved by the
translator differs between compression and expansion strokes. The first half of the cycle (the compression
stroke) is dominated by the compression spring, while the second has added influence from the cylinder
pressure. The simulation is initialized at bottom dead center at the position where the ports close and
cylinder compression begins. The force of the spring accelerates the translator towards the cylinder head.
Near top dead center, the fuel-air mixture reaches the auto-ignition point. At this point, based on the
chemical kinetics model, the cylinder mixture burns rapidly causing a sharp rise in cylinder pressure. The
high force from the cylinder pressure slows and stops the translator, then returns it through the expansion
stroke.
Figure 17 continues to illustrate the dynamic behavior of the translator through the acceleration
versus velocity plot. As in Figure 17, the initial state of the translator is indicated. The acceleration plot
provides further insight into the effects of cylinder pressure on translator dynamics. The combustion event
follows cylinder compression and is evident as a steep rise in acceleration due to the heat release and
associated pressure rise in the cylinder. Following the combustion and expansions processes two
instantaneous changes are seen in the accleration profile around bottom dead center. The first along the
path occurs when engine ports open allowing for instantaneous gas exchange (per the given assumption).
The second is an artifact of the controller which changes the alternator load constant instantaneously at
the bottom dead center position in order to encourage system stability.
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Figure 16 Velocity versus position plot for 100 simulated cycles.

Figure 17 Acceleration versus velocity plot for 100 simulated cycles.

Figure 18 shows the cylinder pressure and temperature with respsect to time for the first four cycles
of simulated operation. In the simulation, fuel and air are charged to the engine cylinder at atmospheric
pressure and high temperature (relative to atmospheric). The high temperature helps to ensure that
combustion is achieved within the engine. The inlet conditions applied in the simulation result in cylinder
peak pressure of 100 bar and peak temperature of 2830 °C, while the average CR is 18 . In Figure 18, the
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variation between the first two cycles is shown to be significantly greater than the variaiton between
subsequent cycles. This is due to the initial conditions used in the first cycle. After the first cycle, ignition
delay is found to be around 0.005 seconds while the combustion duration is found to be about 0.001
milliseconds. Generally, these values will vary based on the type of fuel, inlet conditions, and engine
parameters. It should be mentrioned that the igntion delay is calculated form the start of the up to the
start of of igntion process. The start of the igntion is found by tracking the slop of the pressure diagram
𝑑𝑝

( ) where the time that this slop change sudenly is consider as the igntion time.
𝑑𝑡

During the simulation, the percentage of the overall combustion heat energy converted to output
work by the alternator is 47%. The friction model used within the simulation leads to only 0.4% of the
combustion energy dissipation. Friction in a real linear engine could be higher than that found in the
current study. Frictional losses reported by DLR researchers amounted to 6% [124]. Thus, it is expected
that the model used within the current simulation underpredicted the frictional losses. Correction of this
model will reduce the overall efficiency for sure.

Figure 18 The first four cycles of pressure and temperature versus time.

3.8 Model comparison and validation
The new concept of using Cantera as a chemical kinetics tool in internal combustion engines
simulations requires the validation of the whole system. This validation will cover the chemical kinetics
equations, their solver and any other related sub-models. Unfortunately, the models that represent freepiston engines using chemical kinetics approach are very rare in the literature. Based on this, the
validation should be comprehensive and not limited for free-piston devices. For this purpose, a
conventional engine model was built and compared to Chemkin® model with same features. The engine
geometries and parameters were used as in a Chemkin® HCCI combustion engine example. All of the

40

parameters are illustrated in Table 2 and the required equations that represent the dynamic part of the
model are shown below as well.
Table 2 Conventional engine parameters.

Parameter
Compression ratio (Cr)
Connecting rod to crankarm ratio (R)
Clearance volume (Vc)
Piston bore (B)
Stroke length(S)
Engine speed (Ω)
Starting crank angle (Ѳ0)
Intake temperature (Tin)
Intake pressure (Pin)
Fuels

𝑉(𝑡)
𝑉𝑐
𝑑𝜃
𝑑𝑡

=1+

𝐶𝑟 −1
(𝑅
2

+ 1 − 𝑐𝑜𝑠 𝜃 − √𝑅 2 − (𝑠𝑖𝑛 𝜃)2 )

=𝛺

Value
16.5
3.71
103 (cm2)
12.5 (cm)
13.85(cm)
1000 (rpm)
-142 (degree)
447 (K)
100 (Kpa)
Methane (80%),
Ethane (11%) and
Propane (9%).
(3.23)
(3.24)

The rest of the model equations that belong to the thermodynamic sub-model are the same as in the
section 3.4. To compare the Cantera model to the Chemkin® one precisely, the conditions and the
parameters were set the same. GRI3.0 mechanism was used to present the species reactions in the both
cases. Thus, the differences between the two models will be due to the calculations tools difference only.
One engine cycle was performed to compare the Cantera model to the Chemkin® example and the results
are shown in Figure 19, Figure 20 and Figure 21 receptively. The pressure and temperature diagrams are
zoomed near the peak to show the matching between the two models. The results indicate that the two
models are extremely similar in all cycle processes. The combustion event, which is the main stage in the
cycle, is identical in the Cantera model. Although the model does not belong to a specific engine, but
Cantera tools showed an excellent capturing of different engine cycle processes.
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Figure 19 In-cylinder pressure for Cantera and Chemkin® models.

Figure 20 In-cylinder temperature for Cantera and Chemkin® models.

It should be mentioned that the scavenging process in the two models is not included since no
information in the Chemkin® example is found as it can be seen in Figure 21. In general, scavenging is kind
of finishing and beginning stage process, which has less effect on the combustion process than the other
stages. In addition, it is expected that including any scavenging technique in the two models will not affect
the overall matching, as they are identical.
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Figure 21 Pressure-volume diagram for Cantera and Chemkin models.

The free-piston engine model was validated as well in this study where the alternator PD controller is
capable of driving the device to near steady state conditions. The model validation can be performed to
compare the simulation results with either experimental data or other numerical model results found in
the literature. A free piston engine model produced by Goldsborough and Van Blarigan from SNL [18] is
presented for comparison to the current numerical model. The engine geometry and parameters from
the SNL model have been used within the Cantera/MATLAB® of this dissertation to simulate the engine
operation with HCCI combustion of H2 fuel. The models parameters are described in Table 3.
Figure 22 shows the pressure-time traces for both the current model – the Cantera/MATLAB® model
– and the SNL numeric model. The comparisons show good correlation between the two models with the
greatest disparity arising during the combustion process. This is likely due to a difference in ignition timing
between the two models and could be caused by a variety of reasons including the reaction mechanism
and the temperature distribution along the cylinder walls. For the autoignition combustion process, the
number of active reactions is the dominant factor in determining the ignition timing. Reduced mechanism,
the fast species reactions are neglected meaning that the model describes only the major reactions [111].
Despite the difference in ignition timing, the two cycles are similar in peak pressure, indicating that peak
pressure is not only dependent on ignition timing. Factors such as air to fuel ratio and compression ratio
can also affect peak pressure [6].
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Figure 22 Single cycle comparison between current model with Cantera and the SNL model.

Table 3 Simulated SNL engine models specifications.

Parameter
Cylinder bore (B)
Piston mass (m)
Typical stroke (Smax)
Exhaust port top
Intake port top
Exhaust port bottom
Intake port bottom
Intake temperature
(Tin)
Intake pressure (Pin)
Wall temperature (Tw)
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Value
7.00 cm
2700 g
16.40 cm
14.00 cm
14.15 cm
17.25 cm
17.25 cm
300 K
1.50 bar
700 K

Chapter 4. Model control
Controlling of the free piston engine is of high significance for steady and efficient operation,
especially with HCCI combustion. Cycle to cycle variations of stroke length, top dead center location, and
combustion process leads to high difficulty in achieving smooth and steady performance over many cycles
[31]. In this study, the implemented model controllers are of a first generation kind. Many controllers
have been applied to investigate the most stable and efficient controller in achieving the required number
of cycles.

4.1 Proportional-derivative controller
The PD (proportional-derivative) controller used in the investigation is illustrated in Figure 23. For
each cycle, when the translator is at bottom dead center, the error between the previous and current
bottom dead center cycle locations is calculated. The proportional component is added to the derivative
component and combined with the initial alternator load constant. The derivative component serves to
compensate for the rate of change of the bottom dead center location. The effect of the derivative
component affects the output by decreasing it as the process variable is increasing unsteadily. Such effect
is known also as a damping effect since the oscillations in the solution will be minimized gradually.
Equation 4.1 explains the mathematical form of the used PD controller. In this equation, the alternator
load constant is CA, BDCERROR refers to the difference between the new and the old BDC values. Lastly, KP
and KD are the proportional and derivative gain factors respectively. To initialize the simulation, the load
constant is assumed to be 32. For subsequent cycles, the load constant is calculated from the error with
a proportional gain of 73, and a derivative gain of 0.75. The gain values are found through trial and error
but are not optimized. Generally, ranges are available for the controller gain values that results in no
cyclic variations over a number of cycles. Outside of these ranges, two phenomena are typically seen. If
the controller allows excessively high alternator load, misfire occurs in the engine cylinder, eventually
leading to engine stall. If the controller results in excessively low load, the engine is allowed to “ring-up”
such that compression ratio and stroke continue to increase until unreasonable for realistic operation.

Figure 23 Proportional- derivative (PD) Controller diagram used in the simulation.

CA = (CA )old × (K P ∗ BDCERROR + K D ∗

d(BDCERROR )
)
dt

(4.1)

The proportional and derivative components of the controller presented in this study are combined
to encourage stability for the 100 cycles. Neither the gain values nor controller architecture are optimized,
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but two cases are presented for comparison. The two controllers are both of the same architecture shown
in Figure 23 but with different gain values.
Figure 24 illustrates the cycle-to-cycle variations of the mean piston velocity for the two controllers
being compared. Through the first 20 cycles, both controllers are capable of maintaining the engine
translator to a mean velocity of approximately 7.8 m/s. However, the mean velocity traces corresponding
to the two controllers diverge from each other. The comparison reveals that the controller with the lower
gain values does not sufficiently raise the alternator load to compensate for the rising energy of the
translator from cycle to cycle. In both cases, it seems that the mean velocity is likely to continue to rise.
Technically, the investigation show that the piston speed has a significant effect on the engine
performance, for example if this speed exceeds 8 m/s, a divergence in the controller trend will be
observed as in Figure 24. This indicates the need to further study the controller design space to achieve
true steady state conditions. At the same time, increasing the number of the operating cycles will end up
with numerical oscillations due to the disability of the controller to deliver all of the system energy to the
alternator.

Figure 24 Cycle to cycle variations of piston mean velocity over 100 cycles for two controllers.

Next, Figure 25 compares the same two controllers with respect to their effect on compression ratio
through the 100 cycles simulation. Compression ratio is an important factor for engine performance; on
the one hand, low compression ratio is associated with poor efficiency and can result in poor or missed
combustion events. On the other hand, high compression ratio can result in excessively high heat loss
rates and overly advanced ignition timing, both detriment the thermal and combustion efficiency [56]. In
addition, cylinder mixture blow-by past the piston rings increases with cylinder pressure, and mechanical
failure can result from high compression ratio. In addition to the mean piston velocity, cycle to cycle
variations of the free piston engine can be observed via changes of the compression ratio (related to
changes of the stroke length). Compression ratio is allowed to vary because the piston of a free piston
engine is not mechanically constrained within the system. Variation of compression ratio is related to
cycle to cycle variations of cylinder temperature, pressure, gas velocity, mixture stratification, and start
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of combustion [125]. Thus, a strong interdependence between translator dynamics and compression ratio
exists, and examination of the compression ratio over the length of the simulation offers many insights
[126]. Figure 25 shows the variation of the compression ratio during the 100 cycles simulation under the
influence of the two controllers. Similar to the mean velocity plots, the controllers cause an initial
decrease in compression ratio followed by an increase. Again, the controller with the higher gain is able
to better maintain the system stability, as evident by the smaller range of compression ratio achieved
through the simulation. Although each cycle has the same intake condition, but the initial velocity of the
piston is changing because of the increasing in the storage energy within the system. The accumulation
in the system energy is happening gradually along the cycles, at the same time; the alternator will start
losing its ability to absorb this energy, which results in increasing of the stroke length and therefore the
compression ratio.
It is also evident that neither controller effectively drives the engine to true steady state operation. In
general, the PD controller has the ability to run the engine model with a desired number of cycles. The
complexity of the HCCI combustion mode and the nature of the free-piston engine restrict the controller
from reaching any steady operation under the influence of the current controller.

Figure 25 Cycle to cycle variations of cylinder compression ratio over 100 cycles for two controllers.

4.2 Proportional-integral controller
The second controller in this study is a proportional-integral controller. The controller was set to
achieve a certain compression ratio (CRTarget) value within the simulation time. Figure 26 explains the main
concept of the controller. To control the cycle compression ratio, the controller weight (Wa) is allowed to
change within an upper and lower values. The proportional part of controller corrects the controller
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weight based on the error between the actual and the desired compression ratios. In the other side, the
integral part of the controller will integrate the error over the time and add it to the proportional result.
The advantages of using the integral side of the controller focus on the fact that even small error will
increase the integral component. Such response will be continually increased over time as long as the
error is not zero, this behavior will drive the solution to the steady state (zero error point) [127] . The
controller is mentioned in the mathematical form as in the following equations.
FW = WA ∙ CA ∙ ẋ
(4.2)
WA = 1 − K P ∗ ERROR − K I ∗ ∫ ERROR ∙ dt
(4.3)
ERROR = CR Target − CR Actual
(4.4)
In the previous equations, Fw represents the alternator load, it gets a different form than the one used in
the PI controller in order to include the effect of the load shape as well. KP and KI are the proportional and
integral gains respectively. CRActual is the cycle actual compression ratio.ẋ is the piston instantaneous
speed.

Figure 26 Propotional-integral controller diagram.

The results of implementing the PI controller are illustrated in Figure 27, the figure presents both of
the compression ratio and the mean piston speed. Forty cycles of the engine operation were simulated
under the influence of the PI controller. Figure 27 indicates a very interested observation after the first 10
cycles where a unique behavior is reached. The engine starts to fluctuate around the desired compression
ratio value; the oscillation is uniform and steady along the simulation time, which indicate somehow a
state of stability in the performance. Up to this level of the study, there is no specific or detailed
explanation for this trend. However, extra tuning and calibration may come with the normal steady state
behavior. The difficulty in such modifications is the time cost needed by the controller compared with the
other controllers and the complex nature of the relation between the dynamics and the thermodynamics
sides. The values of the controller gain, which used in the Figure 27 are 1.0 for both of the proportional
and the integral components. The alternator coefficient (CA) is 4.5, the desired compression ratio is 30 and
finally, the upper and lower limit of the controller weight are 1.4 and 8 respectively.
Another aspect for the PI controller results is shown in Figure 28; the figure demonstrates the piston
position profiles along the simulation time. It is obvious that the profile is changing between two main
shapes only leaving a good chance for considering a steady state operation. Deciding if the controller is
working under the steady state operation or not is difficult. The meshing process between the system
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dynamics and the thermodynamics is very critical point in the resulted behavior. The data exchanging
between the two sub-models cannot be controlled by affecting one of the sub-models only. On the other
hand, since the alternator load varies proportionally to the piston velocity, the trend of the compression
ratio appears to have the ability of treating all the stored energy within the system. This conclusion is
obvious in Figure 27 where the oscillations in the compression ratio start to be constant after only 15
cycles.

Figure 27 Compression ratio and mean piston variations.

Figure 28 Piston position profile for the PI contoller.
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4.3 Free-piston frequency
In order to examine the frequency of the free-piston engine within the current model, parameters
like the piston mass and spring stiffness have been examined. The figures below show the free-piston
engine frequency at different piston mass and springs stiffness. Starting with the effect of the piston mass,
Figure 29 describes the effect of three different piston masses on the engine frequency. The frequency
appears to vary proportionally with the piston mass. For example, piston mass like 0.5 kg results with
higher frequency (125 Hz) than a mass of 1.0 kg that produces less frequency (95 Hz). The effect of the
piston mass is slowing down the piston in both of the compression and expansion strokes. The high
resulted piston inertia will restrict the piston movement especially near the BDC and TDC locations. In
addition, the total computational time will increase for the same number of cycles. Theoretically, Figure
29 shows that there is no minimum frequency attached with the free piston engine operation, the motion
proﬁle will be the same regardless of the operating frequency [26].

Figure 29 Free-piston engine frequency under different piston mass.

Next, the spring’s stiffness is considered, many studies showed that, the engine will operate at its
natural frequency where springs stiﬀness can only be varied over a limited range. The stroke length is
strictly limited by the need of a sufﬁcient compression and expansion; hence, there will likely be
limitations in the frequency control possibilities of the engine using this parameter [26]. In this study, the
engine frequency has been tested under three different spring`s stiffness values. The results are shown in
Figure 30 in a decreasing order of the stiffness. Figure 30 indicates that the frequency has an inverse
relation to the spring’s stiffness. The increasing in the system frequency is obvious when high stiffness is
applied. The greater stored energy in the springs will assist the piston to complete its cycle in less time.
The fact that, the springs are useful in enhancing the smoothness of the operation can be detected here
as well. However, very high stiffness can lead to performance instabilities due to the rapid compression
and expansion within the cycle.
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Figure 30 Free-piston engine frequency at different spring stuffiness.
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Chapter 5. Exhaust gas recirculation (EGR) impact on free-piston engine.
5.1 EGR and NOx
NOx can be produced in the combustion chamber from three sources; thermal NOx, prompt NOx and
fuel nitrogen. Thermal NOx refers to NOx formed as a results of the high temperature oxidation (1600 oC)
of diatomic nitrogen (N2) [128]. This kind of NOx formation is considered as the main source of NOx
emissions. The formation rate in the case of the thermal NOx is mainly a function of temperature and the
residence time of nitrogen atoms at that temperature [128, 129]. Prompt NOx is attributed to the reaction
nitrogen with free radicals derived from fuel such as C, CH, and CH. Prompt NOx occurs early at beginning
of the combustion where fixed species of nitrogen like NH is produced [128]. Such species can be oxidized
later to form NOx molecules. Fuel nitrogen refers to any NOx molecules produced as a results of burning
fuels with nitrogen content like some coal and oil fuel types. Free nitrogen radicals represent the products
of fuel nitrogen burning where those radicals ultimately form NOx molecules [128, 130]. In the current
study, all of the NOx analysis refer to the thermal NOx formation due to the high applied temperatures
and the nature of HCCI combustion that will eliminate the prompt NOx form; in addition, natural gas fuel
is not a fuel nitrogen source of NOx [128].
Thermal NOx emissions in internal combustion engines are mainly in NO form. NO2 molecules are
produced also but with less percentages [130]. The formation mechanism of NO is different from that of
UHC and CO (incomplete combustion products); it happens with the proliferation of mixed combustion,
concentrations distribution of ﬂame and heat transfer, thus formation reactions is very complex [130]. In
addition, the formation of NO molecules is increasing dramatically with temperature increase. The
principal stoichiometric reactions, which govern NO molecules formation from molecular nitrogen, are
[130, 129]:
N2 + O ↔ NO + N
N + O2 ↔ NO + O
N + OH ↔ NO + H

(5.1)
(5.2)
(5.3)

Equation (5.4) is an empirical estimation of the NO emissions formation rate. [NO] refers to the molar
concentration, and [O2]e and [N2]e denote equilibrium concentrations. NO formation rate is sensitive to
the temperature and to the oxygen concentration. The temperature (T) and the oxygen concentration
need to be reduced in order to minimize NO formation rate within the combustion process [131].
Fortunately, the chemical kinetics approach has the ability to calculate both of NO and NO2 levels if their
formation equations are included in the fuel mechanism.
d[NO]
dt

6×106
−69,096
3
) exp ( T ) [O2 ]0.5
e [N2 ]e mols/cm
T0.5

=(

(5.4)

Among the most effective techniques in treating NOx emissions is using EGR. In this technique, some
of the combustion products are recirculated with the intake charge. The combustion products consist
mainly of H2O, CO2 and N2. EGR has three main effects in reducing NOx levels. The most advanced effect
of EGR is the thermal one where the existed CO2 and H2O molecules in the EGR gases have less specific
heat ratios than N2 and O2, which found in the pure air [130]. Such feature will allow the gas mixture to
absorb the heat energy faster than when no EGR is implemented, therefore; the overall bulk temperature
will be decreased [129]. The second effect of EGR is the dilution effect on the gas mixture. The addition of
the EGR will be on the expense of the O2 and the fuel concentrations and therefore this will reduce the
number of active species since CO2 and H2O are inert gases. Typically, lower fuel and O2 concentrations
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means lower HRR since the HRR is proportional to the fuel-air quantity in the combustion chamber [130,
132]. The last effect of EGR applying is the chemical effect done by the presence of CO2 and H2O molecules;
those molecules have the tendency to restrict the other species reactions since they are more stable even
at high temperatures. Therefore, a reduction in NOx formation is expected as CO2 and H2O are slowing
the combustion reactions rate [130].
Many studies indicated that EGR could have some advantages for the system performance by
enhancing the combustion process of the fuel-air mixture. EGR can enhance the system performance by
increasing the system thermal efficiency and reduce the cyclic variations within the engine operation
[132]. In the current study, the impact of using EGR on the performance and NOx formation has been
investigated.

5.2 EGR concept
There are many definitions in the literature for the EGR percentage. One formula for EGR percentage
describe the ratio between the EGR gases to the fresh charge mixture only [133].
EGR(%) =

mEGR
⁄(m + m ) × 100%
f
air

(5.5)

Where mf and mair represent the fuel and air mass respectively. However, EGR can be defined based on
the volumetric ratio of the recycled gas to the total gas mixture. In this case, the EGR percentage can be
up to 50% of the total exhaust gases [133].
EGR(%) =

VEGR
⁄(V + V + V ) × 100%
air
f
EGR

(5.6)

An alternative EGR formula can be the percent of the recycled exhaust gas to the total intake charge
mixture as in following equation.
m
EGR(%) = EGR⁄mtot × 100%
(5.7)
In this equation mtot (mtot=mf +mair+mEGR) is the total summation of the fresh air-fuel mixture and the EGR
gas. Based on this formula up to 30 % of the exhaust gas can be recirculated [133]. The formula presented
in equation (5.7) has been used to represent the EGR in the current study as shown in Table 4. Each gas
of in total charge mixture is presented by its actual percentage. For example, at the case of EGR =10%, the
CH4 presents 72% of the fuel mass, N2 presents 69% of the air mass and CO2 presents 1.55% of the EGR
mass.
Table 4 Initial conditions and parametrs for all of the EGR cases.
EGR
%

CH4
%

Fuel
C2H6
%

0
10
20
30

80
80
80
80

11
11
11
11

Air
C3H8
%

N2
%

O2
%

9
9
9
9

76.7
76.7
76.7
76.7

23.3
23.3
23.3
23.3

Fuel-air
mass
(g)
0.01754
0.01579
0.01403
0.01228

CO2
%

H2O
%

15.5
15.5
15.5
15.5

12.1
12.1
12.1
12.1

EGR
N2%

72.4
72.4
72.4
72.4

EGR mass
(g)

φ

T0
(K)

P0
(Kpa)

0
0.001754
0.003508
0.005262

1
1
1
1

520
520
520
520

101
101
101
101

5.3 EGR with constant intake temperature
EGR effect on the engine cycle
The conditions and parameters that mentioned in Table 4 have been applied within the engine model
to study the effect of the EGR on the overall system. Figure 31 presents the piston position versus the
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piston speed at different EGR ratios. The egg-shape profile is clearly noticed for the entire EGR ratios. The
profile undergoes some slight changes as the piston start to move from the BDC toward the TDC. As EGR
is presented, the velocity of the piston diverges from the no-EGR path as the piston becomes at the middle
of the compression stroke. This divergence increases as the piston is closer to the TDC. Once the
combustion process starts, a deceleration in the piston speed is observed. The increasing pressure within
the combustion chamber forces the piston to slow down. At this point, the piston starts to move in the
opposite way along the expansion stroke. In order to return the piston to the same initial point, the
alternator adjust the applied load for each EGR case with different load values.
Figure 32 describes the HRR of the combustion process under the effect of the EGR implementation.
Two main effects are observed as the EGR ratio starts to increase, the first is the noticeable reduction in
the HRR and the second is the change in the ignition delay of the charge. In the case of the HRR, the
reduction in HRR is directly proportional to the less fuel-air molecules available for combustion since they
are replaced by the EGR molecules. In addition, EGR gases will dilute the entire mixture which will slow
down the fuel-air burning rate due to the inert nature of the EGR gases compared to the fuel-air
molecules. In the case of the ignition delay, Figure 32 indicates that the ignition time becomes shorter as
the EGR ratio increases. The effects of the EGR on the combustion process explain this since the mixture
will absorb the heat energy faster during the compression stroke. The presence of the CO2 and H2O will
advance the mixture temperature to reach higher values before the combustion; therefore, the charge
mixture will reach the ignition point earlier. Chemically, CO2 molecules can delay the ignition due to their
inert nature, but in the current case of the free-piston, it seems that the EGR has a counter effect due to
the unconstrained nature of the device which allows the achieving of high compression ratios.

Figure 31 Velocity vs. position at different EGR ratios.
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Figure 32 HRR and released energy at different EGR ratios

Figure 33 shows the temperature variation within the combustion chamber at different EGR ratios.
The ignition process follows the same trend for all EGR cases where the intake conditions are constant
and the alternator load vary with EGR in order to sustain the cycle stability. In all EGR cases, the process
can be described as a sudden and rapid step jump in the temperature value near the TDC location. This
type of ignition refers to the nature of the HCCI combustion, which is represented as spontaneous burning
of the fuel mixture. The effect of EGR is shown in Figure 33 on both of the self-ignition temperature and
on the combustion peak temperature. The self-ignition temperature is controlled by the fuel composition
and the time available for the fuel-air molecules to stay under this temperature. The presence of the EGR
gases will change the total mixture by shifting it to be more inert due to the CO2 and H2O content. In
addition, EGR will speed the heat absorption of the mixture during the compression stroke and will allow
the mixture to be compressed to higher pressure values. The pressure raise in the cylinder will cause a
temperature raise. Based on that, the mixture will require higher self-ignition temperature as EGR is
implemented. In the other side, a reduction in the combustion peak temperature is occurred due to the
low HRR caused by the effects of the EGR. The peak temperature depends on the available fuel-air amount
and on the time available to burn it. As EGR molecules involve in the process at the expense of fuel-O2
molecules, the burning of the fuel will be limited and slower than when no EGR is applied. This important
fact that EGR reduce the peak bulk temperature is strongly required in NOx emissions treatment. The NOx
emission reactions (Eq.5.1, Eq.5.2 and Eq.5.3) between the O and N atoms require high temperature levels
to be completed. Achieving low temperatures in the combustion chamber can help in reversing those
reactions partially and will assist dissolving the NOx molecules. A detailed discussion will be presented
later on when the engine NOx emissions is presented.
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Figure 33 Temperature-time diagram at different EGR ratios.

In Figure 34, the in-cylinder pressure is demonstrated under the influence of different EGR ratios.
Under the applied conditions, the figure shows a difference in the ignition pressure where a higher
combustion pressure is predicted at higher EGR percentages. The combustion process seems to occur
lately (after TDC) when no EGR or low EGR ratios are applied. The pressure profile has two pressure
regions in some cases (low EGR); the first is happened due to the impact between the charge molecules
during the compression process, while the other happens under the influence of the combustion event.
During the first rise, the species that have the weakest branches and bonds will be the most affected since
they require less energy to be destructed. In the other case, the main pressure rise region appears as a
sudden and sharp change in both of the pressure and temperature. Typically, this region demonstrates
the HCCI ignition phase. In addition, Figure 34 indicates higher peak pressures when EGR ratio is
increasing. Many explanations can be provided for this trend in the peak pressure, but the main clear
reason is the higher tendency of the charge mixture to be compressed due to its inert nature. By
considering the nature of the free-piston engine as well, the compression ratio will increase under such
conditions; therefore, the pressure and temperature distribution will vary along the compression stroke
based on the applied EGR ratio. Theoretically, the high in-cylinder pressure force leads to high thermal
efficiency, however; increasing the pressure beyond certain limits can cause instability in the performance
and in some cases may cause engine failure [6].
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Figure 34 In-cylinder pressure variations at different EGR ratios.

Figure 35 describes the in-cylinder pressure as a function of the piston position. The stoichiometric
combustion of the fuel-air mixture passes the two previous mentioned pressure stages. As the EGR ratio
increases, the location of the TDC becomes closer to the cylinder head. This change in the TDC location
refers to the more pressure required by the mixture to be ignited. In the other side, the disappearance of
the first pressure rise is very clear as the EGR ratio increase. Among the reasons of this behavior is the
fewer opportunities that the fuel-air molecules will have to be oxidized. An extension for this explanation
is that some of the heat need for the fuel-air reaction is absorbed by the CO2 and H2O. Referring to the
first law of thermodynamics, the area under the pressure-position diagram is the work done by the
system. This area is increasing as the EGR percentage increase, which explains any noticed increase in
overall efficiency. Another important observation is the absence of the adverse work area, which means
that the alternator is removing all of the excess energy from the system.
The combustion process can be described also by the temperature position diagram as the one in
Figure 36. The figure indicates that the location of the TDC is becoming closer to the cylinder head as the
EGR ratio increases due to the delay in the ignition process. However, the peak bulk temperature is
decreasing as the EGR increase. It should be noted that the compression stroke is identical for all EGR
values while the difference happens in the combustion process and the expansion stroke due to the
difference in the ignition time.
Consequently, an increase in the peak pressure is a result of an increase in the compression ratio. This
fact is observed in Figure 37 where the CR is illustrated as a function of the EGR ratio. The dynamic
clearance volume in free-piston devices allows such variations in the CR since there is no fixed TDC
location. At this level of investigation, very high CR values should be avoided to maintain a reasonable
engine performance. However, theoretically, as the CR increases, a higher thermal efficiency is expected.
In practical life, high CR can lead to engine performance problems such as early combustion event and
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even an engine failure. This fact can be concluded in Figure 37 also, since the trend of the CR is going
toward infinity at higher EGR percentages.

Figure 35 Pressure-Position diagram at different EGR ratios.

Figure 36 Temerature-Position diagram at different EGR ratios.
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Figure 37 Compression ratio vs. EGR ratio

The work output ratio of the alternator as a percentage of the total input energy is shown in Figure
38. A noticeable increasing in the work output ratio is achieved as higher EGR ratios are implemented.
However, a misfire event has been observed as the EGR exceeds the 35% of the total mass where the
model returns a numerical error. It is expected to have incomplete fuel burning at high EGR ratios due to
the accumulation of the residual gases that will affect the species reactions. Such type of accumulation
will reduce the overall bulk temperature to value less than the self-ignition one which leads to a misfire
in combustion chamber.
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Figure 38 Alternator work output ratio (%) vs. EGR ratio.

EGR effects on free-piston engine emissions.
From environmental perspective, a free-piston engine running under HCCI conditions has less NOx
emissions outcomes [82]. The nature of the HCCI combustion gives this feature due to the efficient fuel
mixing and burning which are presented. However, HCCI combustion has limited operation zones and it
may show a possible increasing in the engine emissions especially if system modifications are applied [83].
NOx emissions are represented by NO molecules mainly. The species reactions, which describe the
formation of NO, have been illustrated before in this section. The NOx formation of the current engine
model is shown in Figure 39. The figure indicates that, even recycling a small percentage (10%) of the
exhaust gases has a significant effect in reducing the thermal NOx formation. Therefore, a higher reduction
can be achieved using higher EGR ratios as long as the operation process is not affected negatively. Under
the applied condition, the NOx formation follows the trend of the ignition at the start of the formation
process. As EGR ratio increases, the formation trend will change from a sudden and sharp NOx production
to a process that is more gradual. Such change in the NOx formation behavior refers to many reasons such
as the dilution effect of the recycled gas. This effect will decrease the combustion peak temperature due
to the less fuel-air burning. CO2 and H2O molecules, which increase the heat capacity of the mixture, are
the motivators of this temperature reduction. This feature in the EGR components reduces the number
of the reactions that are responsible about increasing the combustion temperature. EGR has also an
impact on the NOx formation duration by increasing the residence time between the N and O atoms. This
duration is increased as the EGR percentages; such increase can be explained by the inert nature of the
gas mixture as EGR is applied. This plays a significant role in slowing the NOx formation rates.
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Figure 39 NOx emissions variations at different EGR ratios.

Although the NOx reduction is noticeable in the current free-piston engine model, but still the
emissions levels (EGR<10%) is considered low compared to spark and compression ignition devices. The
nature of the HCCI combustion process is very fast and rapid, so no enough time to produce high NOx
levels is available [134].
EGR is found to affect some other emissions like UHC and CO. These emissions cause many health and
environmental problems. For example, CO is a toxic gas at high concentration. In addition, those emissions
have many effects in increasing the greenhouse phenomena. CH4 (form of UHC) for example can result
with more temperature increasing than CO2 (the main reason of greenhouse effect) [132].
Figure 40 describes the CO emissions formation under the influence of different EGR percentages.
Under the stoichiometric condition, the charges with high EGR percent show lower CO outcomes. The
fuel-air combustion of gas mixture indicates that the formation of the CO emission is concentrated at the
ignition time. The sufficient stoichiometric O2 concentration will help in oxidizing the resulting CO
molecules immediately during the ignition. The high temperature of combustion will assist the converting
of the CO2 to CO molecules as less EGR is applied. Based on that when EGR gases are implemented, fewer
chances for the CO formation will be available. Instead, more time for producing CO2 molecules is
available since slower constructive reactions are needed for that. CO emissions are strong indicator for
the UHC emission levels. Typically, higher CO formation is coupled with higher UHC levels, this is expected
as the combustion process will include some fuel molecules without complete burning.

61

Figure 40 CO emissions variations at different EGR ratios.

5.4 Hot and cold EGR techniques
The combustion products have higher temperatures than those at the intake conditions. EGR gases
that represent those products will increase the intake charge temperature as they are implemented
directly in the combustion chamber. At this case, the EGR process is considered as hot EGR. However, if
the EGR gases passed by a cooling stage before the mixing process with the fresh air, it is called cooled
EGR [135].The high temperature of the hot EGR promotes the combustion process, it will rise the intake
charge temperature and thus improve the thermal efﬁciency. In the other side, cooled EGR increases the
intake charge density of the engine. At the same time, a reduction in the NOx emissions is obtained due
to the less achieved combustion temperatures. In contrast, UHC and CO emissions and cyclic variations
are among the problems aligned with cooled EGR [135].
In the current study, the difference between cooled and hot EGR techniques has been investigated.
The intake temperature has been changed to simulate the both cases such as the high temperatures
present hot EGR features and the low one represents the cooled EGR. A range of temperatures (520-610
K) has been applied while all of the other parameters have been kept the same as in Table 4.
Figure 41 shows the peak engine pressure as a function of both of the EGR and the intake
temperature. The peak in-cylinder pressure is increasing as the EGR ratio increases due to the shifting in
the ignition time toward the TDC; this effect is observed noticeably as cooled EGR are applied. The
increase in the peak cylinder pressure refers to the higher achieved compression ratios. By fixing the EGR
ratio and tracking the effect of the intake temperature on the peak pressure, it is found that, the variations
in the peak pressure depend also on the applied intake temperature. For low EGR percentages, an
increasing in the peak pressure is noticed as the intake temperature increases. However, a reduction in
the peak pressure is observed when the intake temperature increases beyond a certain limit (>560K). The
temperature of the intake charge, which is controlled by the EGR gases affect the ignition time by
advancing the species reaction rate. Therefore, earlier combustion events are observed when high intake
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temperature is applied since the fuel-air mixture will reach the self-ignition temperature earlier. In the
case where high EGR percentages are used, the peak pressure will decrease gradually as the intake
temperature increases. In general, at low intake temperature (cooled EGR), the EGR has significant effect
on the peak pressure by increasing its value as high EGR percentages are applied. However, EGR loses its
ability of advancing peak pressure as the intake charge temperature increases due to the early combustion
event that occur before the TDC. As mentioned before, high in-cylinder pressure will enhance the thermal
efficiency due to the increasing in the pressure force over the piston. On the other hand, excessive
pressure values will not be applicable because they will result with engine failure.

Figure 41 Peak pressure variations at different intake temperature.

Figure 42 describes the CR of the free-piston engine when hot EGR and cooled EGR are implemented.
The EGR effect on the CR was discussed before in Figure 37 where high EGR ratios increase the CR strongly
by advancing the combustion toward the TDC. In the other side, Figure 42 show that the intake
temperature increases the CR for both of the cooled and hot EGR. Such increase in the CR ratio refers to
the fact that the ignition event is happening early during the compression stroke. The combustion
pressure and the upward moving piston compress the fuel-air mixture toward points closer to the cylinder
head. This will decrease the clearance volume, so the CR will be increased. In addition, Figure 42 indicates
another important conclusion by showing the independency of the peak pressure on the CR ratio where
high CR does not refer to higher peak pressure always. The process is more complicated in the case of the
free-piston engine since the system has no fixed ignition point. The location of the ignition plays a
significant role in determining the peak pressure whereas the ignition occurs closer to the TDC, the peak
pressure will be higher.
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Figure 42 Compression ratio variations at different intake temperature.

Next, the EGR effect on the work output ratio is considered in Figure 43. Under the applied conditions,
EGR is found to increase the work output ratio by advancing the in-cylinder pressure. However, excessive
EGR will end up with less efficiencies and misfire events in practical operation. In the case of the hot and
cooled EGR, Figure 43 shows the work output ratio of the alternator as function of both of the EGR and
the intake temperature. The intake temperature effect on the work output ratio depends on the EGR
amount where at low EGR ratios; the intake temperature increases the work output ratio slightly within
the moderate temperature values. As the intake temperature exceeded the moderate values, a drop in
the work output ratio is observed. In the other side, at high EGR ratios, increasing the intake temperature
will decrease the work output ratio significantly due to the early ignition events. In general, Figure 43
shows that, high and cooled EGR ratios have the optimal work output percentages. This fact is logical since
cooled intake charges has higher charge densities. In addition, the recycled gases is found to affect the
ignition time positively, so higher thermal efficiency is obtained.
Furthermore, the difference between hot and cooled EGR effects on NOx emissions has been
investigated. The fact that reducing the peak temperature is the motivator of the NOx formation reduction
has been studied as well. Figure 44 demonstrates the peak combustion temperature as a function of EGR
and the intake temperature. it is shown that, the peak temperature is increasing linearly as the intake
temperature increases, this trend is observed for all EGR cases since the high temperatures advance the
species reaction rate and therefore the resulted combustion temperature. In contrast, EGR decreases the
peak temperature by increasing the heat capacity of the fuel-air mixture, since it has CO2 and H2O
molecules, which cause that. In addition, the dilution effect caused by those molecules reduces the fuelO2 concentrations and therefore the HRR. Due to the mentioned effects, a lower combustion temperature
will result as EGR is implemented in the combustion chamber. The lowest NOx emission levels are
obtained when high and cooled EGR percentages are implemented. Again, many limitations will define
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the maximum EGR and the intake temperature values. Engine failure, instabilities in the performance and
low efficiencies are examples for such limitations.

Figure 43 Work output at different intake temperature.

Figure 44 Peak temperature at different intake temperature.

Referring to the main objective of EGR implementation, which is reducing the NOx emissions, the freepiston engine NOx formation is presented in Figure 45 at different intake temperatures and EGR ratios. It
is clear that EGR is decreasing the NOx levels aggressively as high percentages are used. The techniques
in that are the low peak temperature and the less fuel-O2 concentrations that cause this temperature.
Such conditions will affect the reactions rate of NOx production by assisting the decomposition of its
molecules. The intake temperature in this case has opposite effect on the NOx production than the EGR
effect where it increases the instantaneous reaction rate of the NOx species during the combustion. The
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variable intake temperatures affect the engine performance in different way than the NOx formations. In
the case of the engine performance, many engine parameters are affected by the intake temperature like
the ignition time and duration. However, in NOx formation, the case is more complicated since the nature
of the species reactions will define the NOx productivity primarily. Those reactions seem to have less
tendency to be guided by the mixture temperature in a similar way to their responding to the EGR
molecules. Later on in this dissertation, the effect of intake temperature will be discussed where the
investigations show that the intake temperature has a temporary effect on the NOx formation which is
during the combustion, this effect will vanish as the fuel-air burning is completed. Figure 46 explain the
relation between the NOx emissions and the EGR percent and peak combustion temperature. The fact
that increasing the peak temperature will increase the NOx emission is clearly presented in Figure 46.

Figure 45 NOx emissions at different intake temperature.

Figure 46 CO emissions at different intake temperature.
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Figure 47 describe the CO emissions as a function of both of the EGR and the intake temperature, it is
clearly described in Figure 47 that the intake temperature encourages the CO emissions formation
regardless the EGR percentage. The intake temperature becomes greater, the species reactions will be
motivated, in addition, high temperatures assist the dissolution of the produced CO2 particle to CO ones.
The same as in case of the NOx emissions, the intake temperature effect is focused during the combustion
time where beyond this time the CO formation is almost the same for all intake temperature values. By
examining the EGR, it is found that EGR has the same effect on reducing the CO emission whatever its
temperature. EGR decreases the combustion temperature and therefore will leave less chances for CO2
decomposition to form CO. the difference between the temperature and the EGR effects refers to many
factors. While the intake temperature speeds up the reactions rate of the species, the EGR change the
entire mixture composition so more impact is expected like the low fuel-O2 concentrations, which will
decrease the burning rate of the fuel. In addition, the abundance of the CO2 molecules, which will dilute
the charge mixture will restrict the CO formation significantly. In general, to achieve higher engine
performance, an optimization process is required when EGR gases are implemented. Many system
parameters need to be considered like the required work output, operation stability, durability, and
minimum overall emissions levels.

Figure 47 CO emissions at different intake temperature.
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Chapter 6. Intake temperature and equivalence ratio effects
6.1 Intake temperature
In this section, the performance of the free-piston engine has been reported under the influence of
the variation in the intake temperature. A range of temperatures has been considered to show the
difference between using low and high intake temperature values. The applied parameters and conditions
are shown in Table 5.
Table 5 Initial conditions for the applied intake temperatures

T0 (K)

CH4%

520
550
560
580
600
620

80
80
80
80
80
80

C2H6% C3H8%
11
11
11
11
11
11

9
9
9
9
9
9

N2%

O2%

Air to fuel

76.7
76.7
76.7
76.7
76.7
76.7

23.3
23.3
23.3
23.3
23.3
23.3

16.95
16.95
16.95
16.95
16.95
16.95

Air-fuel
mass (g)
0.01754
0.01659
0.01629
0.01573
0.01520
0.01471

φ
1
1
1
1
1
1

P0
(Kpa)
101
101
101
101
101
101

Figure 48 illustrates the velocity-position diagram of the free-piston engine for a range of intake
temperatures that vary from 520K to 620K, this range has been set based on the lowest guaranteed
temperature of the ignition. All of the parameters have been held constant except the alternator load,
which adjusts the load force to achieve the cycle stability. Figure 48 is zoomed near the TDC point since
this region reflect the effect of the intake temperature noticeably. Before the TDC location, the piston
velocity within the compression stroke is increasing at high intake temperature values. Such increasing in
the piston velocity refers to the low resistance accounted by the fuel-air mixture against the piston
motion. As the intake temperature is increasing, the ignition will happen earlier before the TDC location.
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Figure 48 Velocity vs. position at different intake temperature.

The HRR at different intake temperatures is presented in Figure 49. The effect of increasing the intake
temperature on the HRR is clear. The HRR increases with increasing the intake temperature, since high
temperatures enhance the species reaction rate significantly. Referring to the ignition process, a reduction
in the ignition time is noticed as well; this refers to the assistance given by the high charge temperature
to the fuel-air burning process. Such assistance will support the mixture to ignite faster by speeding the
species reactions rate due to the increase of the impact between the fuel-air atoms. Shifting in the ignition
time is observed, that will affect the engine performance by producing different HRR values. Figure 49
describes this clearly, where at low temperatures (520K) the HRR are the lowest; after that, the HRR will
start to increase due to the increase in the reactions rate of the species. Finally, when the intake
temperature exceeds values of 560K, the HRR will start to decrease down due the early combustion
events.
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Figure 49 HRR at different intake temperatures.

Figure 50 shows the in-cylinder pressure for different intake temperatures. The delay in the ignition
time is clear, as the intake temperature decreases; the ignition is shifting toward points after the TDC
location. In addition, cycles that occur at moderate intake temperatures have the highest peak pressures
due to the higher HRR and the near TDC ignition events. At higher intake temperatures, the in-cylinder
peak pressure drops gradually as earlier ignition events are occurred. The sensitivity of the peak pressure
to the intake temperature will affect the alternator work output by mainly affecting the pressure force
over the piston. The combustion duration appears to be independent to the intake temperature. It
changes under the effect of the fuel-air mixture composition primarily.
Variations in the compression ratio are expected by observing those in the in-cylinder pressure. Figure
51 describes the free-piston engine compression ratio for different intake temperature values. The
compression ratio is increasing slightly as the intake temperature increases. This slight increase can be
explained by change in ignition location as the intake temperature changes.
By referring to Figure 49 and Figure 51, it is found that, the compression ratio affects the ignition time
directly but it has no significant effect on the HRR. The higher compression ratios will accelerate the
pressure rising during the compression stroke causing earlier ignition events. However, the species
reactions rate will not be affected by any increasing in the compression ratio since they are most likely
controlled by the mixture composition.
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Figure 50 In-cylinder pressure at different intake temperature.

Figure 51 Compression ratio at different intake temperature.
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The free-piston cycle is described in Figure 52 and Figure 53 by presenting the in-cylinder pressure
and temperature as a function of the piston position at different intake temperatures respectively. The
discussed variations in the ignition time and the HRR can be concluded also from the illustrated diagrams.
The TDC location is changing as the intake temperature changes while the ignition event is aligned with
the TDC in some cases. For relatively low intake temperatures (T=520K), the ignition occurs after the TDC
due to the slow reactions rate at the applied temperature. Simply, the resistance to the ignition will
increase as the intake charge temperature decreases. However, as the mixture temperature increases this
resistance to the ignition will be reduced dramatically. Figure 52 shows another important phenomenon,
which is the adverse work zone. As mentioned in the previous chapters, the adverse work appears around
the TDC as an inversion of the pressure-position profile. The inversion represents a negative work occurs
on the piston as it moves upward. The nature of the HCCI combustion and the HRR attached with it are
the reasons of this work. Basically, the combustion energy held within the piston will be much higher than
the pressure force that returns the piston through its expansion stroke; therefore, the piston will end up
with more kinetics energy. By increasing the intake temperature, the amount of the adverse work will
increase significantly due to the assistance of high temperature in achieving the ignition. This indicates
that the piston requires less energy to complete the stroke than the released combustion energy.
Chemically, this can be explained by the rapid increasing in the reactions rate which caused by the higher
HRR at high temperatures.

Figure 52 In-cylinder pressure-position diagram at different intake temperature.
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Figure 53 In-cylinder Temperature-position diagram at different intake temperature.

From efficiency perception, the effect of the intake temperature on the work output ratio has been
investigated in Figure 54. Typically, the trend of the work output ratio is following the in-cylinder pressure
behavior where it is increasing as the intake temperature increases from low to moderate values. After
that, it will start to decrease as the intake temperature goes toward higher values. The drop in the incylinder pressure is the reason behind such behavior in the work output ratio. The combustion force that
drives the piston will be reduced so less applied force will affect the piston.
Another important parameter that can be affected by the intake temperature variations is the incylinder temperature. Figure 55 demonstrates the in-cylinder temperature at different intake
temperature values. Three main observations can be noticed in the figure, the ignition delay, the selfignition and the peak temperatures. The ignition delay time is less when the intake temperature is high
and vice versa. Such trend was explained before by the higher reaction rate attached with the fuel-air
species. Another observation is the self-ignition temperature where this temperature is increasing for
those mixtures with higher intake temperatures. The rise in the self-ignition temperature is logical since
when the ignition delay is short, a higher temperature is required to accelerate the species reactions. The
peak temperature is also increasing as the intake temperature increases. The higher self-ignition
temperatures and the relatively high HRR are the main reasons behind that.
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Figure 54 Work output ratio at different intake temperature.

Figure 55 In-cylinder temperature at different intake temperature.

NOx formation is illustrated in Figure 56 for different intake temperature values. The instantaneous
formation of NOx emissions increases dramatically as the ignition is happening. The increasing in the
intake temperature advances the species reactions and this is translated as a higher jump in the NOx
formation. However, an independency on the temperature is noticed on the NOx trend as the piston
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passes the TDC zone. Instead, the NOx formation rate will be almost the same for all of the different intake
temperatures. In fact, the intake temperature affects the instantaneous formation rate but not the overall
one. From chemical perception, the fuel-air composition is the same at all different temperatures so the
number of the formation reactions will not be affected.
The effect of the intake temperature on the CO formation is described in Figure 57. The same behavior
of NOx formation is observed for CO formation. The figure indicates that the instantaneous formation of
the CO emissions increases as the intake temperature increases, but once the burning process is
completed; this rate will be almost the same for all the intake temperatures. In general, the intake
temperature effect is focused on the instantaneous reactions rate while the overall rate is not affected by
the intake temperature.

Figure 56 NOx emission at different intake temperature.
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Figure 57 CO emissions at different intake temperature.

6.2 Equivalence ratio
Equivalence ratio review
The fuel to oxidant ratio is among the basic parameters, which are used to evaluate the engine
performance. The equivalence ratio refers to the ratio between the actual fuel-air ratio and the
stoichiometric one as in equation 6.1 [136].
(fuel/air)actual

ϕ = (fuel/air)

(6.1)

stoichiometric

When φ is equal to one, this means that the process is stoichiometric (no excess fuel or air). However, if
φ>1, this refers to a rich mixture combustion (excess fuel or less air than the stoichiometric state). In the
other side, if φ < 1, this indicates that the mixture is lean (excess air or less fuel than stoichiometric state)
[136].
The nature of the fuel-air mixture, which is defined by the equivalence ratio as rich or lean mixture affects
the system performance significantly. For example, lean mixtures have many positive features like the
higher thermal efficiency and less engine knock. In addition, low emissions levels like CO an UHC are
obtained at lean combustion conditions while ultra-lean mixtures result with low NOx emissions. However,
those mixtures have low reaction rates, misfiring events, operation instabilities, low heat release rate, and
sensitivity to mixing process [92]. In the other side, burning process in rich mixture is similar to the
stoichiometric one. It has less misfiring events and less instabilities but with more emissions levels
especially CO and UHC, in addition to low efficiencies in comparison with lean mixtures [92].
In this chapter, the effect of the equivalence ratio and the intake temperature are illustrated. Variable
equivalence ratios will be obtained by changing the fuel percentage above or below the stoichiometric
value. Different intake temperatures have been examined as well to obtain the dual effect caused by both

76

of the equivalence ratio and the intake charge temperature. The initial conditions for each equivalence
ratio are presented in Table 6.

φ

CH4%

Fuel
C2H6%

0.8
0.9
1.0
1.1
1.2

80
80
80
80
80

11
11
11
11
11

Table 6 Initial condition for different equivalence ratios
Air
C3H8% Air to Air-fuel N2% O2%
R
fuel
mass (g)
(kJ/kg.K)
9
9
9
9
9

21.27
18.86
16.95
15.38
14.08

0.01766
0.01760
0.01754
0.01749
0.01743

76.7
76.7
76.7
76.7
76.7

23.3
23.3
23.3
23.3
23.3

0.2965
0.2975
0.2985
0.2991
0.3004

T0 (K)

P0 (Kpa)

520
520
520
520
520

101
101
101
101
101

Variable equivalence ratio at constant intake temperature:
The free-piston velocity at different positions is illustrated in Figure 58; the figure was zoomed near
the TDC to show the effect of equivalence ratio in shape of the profile at this area. The semi-egg shape is
clear for all of the equivalence ratio values. The piston speed starts to decrease near the TDC due the
increasing in the in-cylinder pressure. During the combustion process, the piston moves in the opposite
direction by the force of the combustion pressure. The location of the ignition location shifts away from
the cylinder head as the equivalence ratio increased. However, when the equivalence ratio is above the
stoichiometric value (φ=1), the TDC will shift toward the top of the cylinder. In general, Figure 58
demonstrates the sensitivity of the piston dynamic to the thermodynamic process. The variations in the
TDC location are the monitor of this sensitivity. More details are discussed in this chapter to identify the
reasons behind such sensitivities in the performance.
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Figure 58 Velocity-position diagram.

Figure 59 describes the heat release rate produced by a fuel-air mixtures burning at different
equivalence ratios. Considering the ignition time, the figure indicates that, lean mixtures (φ<1) ignite
earlier than rich mixtures by 0.25 ms, this early combustion event can be explained by the higher reactions
rate of the species. The excess O2 concentrations will speed the destruction rate of the fuel molecules
since O2 molecules have less heat capacity than the fuel molecules. Another reason belongs to the
relatively higher compression ratios. The increasing in-cylinder pressure caused by the higher compression
ratios will assist the fuel-air mixture to reach the self-ignition ignition point faster. This fact is obvious in
Figure 58. TDC locations indicate that higher compression ratios are achieved at lean conditions. Another
observation is the amount of HRR within the applied range of equivalence ratio. The relation between the
equivalence ratio and the HHR value is found to be complicated. This fact has many considerations that
belong to the fuel density, species reactions rate and ignition time and duration. All of those factors can
affect the HRR value since fuel burning process is defined by them. In the other side, rich mixtures is more
difficult to be evaluated since partial combustion process can happen due to the lack in O2 molecules. In
general, near stoichiometric process will show the highest HRR and as the process goes toward the rich
or the lean state, the value of the HRR will have some drop.
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Figure 59 HRR vs. equivalence ratio .

The combustion process at variable equivalence ratio was presented in terms of the in-cylinder
pressure as in Figure 60. The ignition in the case of the lean mixtures is earlier than the one in the rich
mixtures. In addition, the self-ignition pressure is higher for lean mixtures than the rich mixtures, which
indicates that earlier ignition events are not controlled by the self-ignition pressure or temperature.
Basically, the compression process of the fuel-air mixture is not the same for all type of mixtures. For low
equivalence ratio mixtures, the mixture will undergo high pressures during the compression stroke in the
time before the combustion. The ignition in such cases will be at the TDC or before, so early combustion
events can occur. In the other side, the rich mixtures have different compression process; they will ignite
lately after the TDC due to the less applied compression force, as it is clear in Figure 60. The difference in
the ignition time and the self-ignition conditions will result with system performance variations. For
example, the alternator work output will be affected by the pressure variations. This show how the piston
dynamics are directly proportional to the in-cylinder process in the free-piston devices. The peak pressure
reflects another effect of the equivalence ratio. High peak pressures are coupled with low equivalence
ratios and vice versa. The ignition time and location are the main factors in defining the peak pressure
value. In the case of the lean mixtures, the pressure increases in the same direction of the piston
(compression stroke) as the ignition time is earlier at the TDC. In contrast for rich mixtures, the pressure
increases in opposite direction to the piston motion (expansion stroke) as late ignition events are
occurred. In general, this behavior in the in-cylinder pressure explains the reason behind preferring lean
mixtures in HCCI combustion. In HCCI devices, the ignition process is very rapid and has no flame front
like the one presented in the rich mixture combustion.
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Figure 60 In-cylinder pressure at different equivalence ratios.

Figure 61 demonstrates the compression ratio at different equivalence ratio values. Lean and rich
mixtures share similar compression ratio values where they have higher compression ratio than this found
stoichiometric conditions. The nature of the fuel-air mixture burning explains these variations in the
compression ratio. In the lean mixtures case, the excess air content will absorb some of the compression
heat, which will make the charge as a heat sink due to the low heat capacity ratio compared to the
stoichiometric and rich conditions. This will increase the mixture temperature and therefore the incylinder pressure. At the same time, the piston will move to points that are closer to the cylinder head,
which will result with higher compression ratio. In the case of the rich combustion, the increase in the
overall pressure and temperature will be slower due to the higher heat capacity ratios; therefore, the
piston stays longer in the compression stroke and the combustion can happen later after the TDC. This
will require that the piston will reach the maximum possible point near the cylinder head (high CR). At
stoichiometric combustion, the process will be in neutral state between the lean and rich combustion.
From chemical perception, the species reactions rate is the dominate factor that defines the end of the
compression stroke and the start of the ignition. Lean mixtures have higher oxidation rate due to their
high O2 concentrations. Based on that, the ignition process will be enhanced and it will start earlier as an
efficient heat releasing will be obtained. In the other side, rich mixtures have less O2 content, this results
with a slower reactions rate and incomplete burning of the high concentrated fuel mixture, therefore
higher compression ratio are observed.
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Figure 61 Compression ratio vs. equivalence ratio.

In Figure 62, the in-cylinder pressure is demonstrated as a function of the piston position at different
equivalence ratios. The gas mixture, compression, combustion and the expansion present the main cycle
stages. The difference in the ignition location is clear for each equivalence ratio. The TDC location is
following the compression ratio diagram. It becomes farther from the cylinder head when the equivalence
ratio is near the stoichiometric value, while it is closer to the cylinder head for both of the rich and lean
mixtures. The ignition location is presented clearly as well, it is almost at the TCD point in the case of lean
mixture; however, in the case of the rich mixture, the ignition occurs after the TDC. The HCCI combustion
process is presented in the case of the low equivalence more sharply by appearing as a rapid ignition
event. In the other side, the combustion of the high equivalence ratio mixtures is slower with some
gradual burning zone especially at the beginning of the combustion process.
Figure 63 consider the variations in the temperature as a function of the piston positon for different
equivalence ratios. The combustion process and the expansion stroke represent the difference between
each case while the compression stroke is similar for all cases. The ignition time is responsible about the
variation in the combustion process. The TDC becomes closer to the cylinder head as the mixture becomes
leaner while the peak temperature is decreasing slightly for lean mixtures due to the O2 dilution effect in
cooling the whole charge.
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Figure 62 in-cylinder pressure-position diagram.

Figure 63 in-cylinder temperature-position diagram.
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In Figure 64, the in-cylinder temperature is presented at different equivalence ratios. The figure was
zoomed near the combustion area to show the effect on this stage. By comparing the self-ignition
temperature for the different equivalence ratios, it is found that lean mixtures have higher ignition
temperatures than those in the rich mixtures. The low heat capacity of the air compared to the fuel will
allow the mixture to reach higher temperatures before the ignition. In addition, the nature of the
reactions rate is much faster in the case of the lean mixtures, which requires higher temperatures to assist
such reactions rate. In the other side, the burning process of the rich mixtures is slower due to the
insufficient O2 concentration. At the same time, the heat capacity is much higher for those mixtures due
to the higher fuel intensity. Those factors will reduce the self-ignition temperature dramatically. By
considering the ignition delay, this time is greater for rich mixtures since they have more resistance to be
ignited than the lean mixtures, this make the last, more preferable in HCCI combustion devices.
Referring to the peak temperature, Figure 64 shows that this temperature is increasing as the
equivalence ratio increases where a greater HRR is obtained at high equivalence ratios. In addition, the
excess air will reduce the combustion temperature by diluting the fuel content within the combustion
chamber, this will reduce the possibility of having extreme hot zones inside the cylinder. From emissions
perception, in the case of the stoichiometric combustion (φ=1), the ignition happens after the TDC, but
the combustion will be complete so no CO or UHC will be produced. The same trend is presented in the
lean mixtures since there are plenty of air to oxidize the fuel. However, rich mixture will have incomplete
combustion events so more CO and UHC are expected. NOx emissions are more difficult to be evaluated
at this point, the maximum peak temperature is an indicator for those emission levels, but the illustrated
difference in the peak temperature is not very high to decide based on it. In addition, the nature of the
NOX emissions formation requires sufficient O2 molecules that are presented excessively in the lean
mixture.
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Figure 64 In-cylinder temperature at different equivalence ratios.

The effect of the equivalence ratio on the work output ratio is described in Figure 65. A noticeable
drop in the work output ratio is observed as the equivalence ratio increased from the lean sate to
stoichiometric one. Such drop refers potentially to the delay in the ignition and to the higher self-ignition
pressure as discussed before. Beyond the stoichiometric conditions, the work output ratio will start to
increase slightly due to the increase in the HRR of the combustion process. Within the applied range of
the equivalence ratio, the lean mixtures are the most efficient. The reduction in both of the HRR and the
resulted combustion pressure are among the reasons that can cause such potential changes in the
alternator work output.
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Figure 65 Work output vs. equivalence ratio.

NOx formation is shown in Figure 66, the formation rate of those emissions start at the combustion
process instantaneously. The formation rate is increasing rapidly at this stage due to the plenty of fuel and
air concentrations. By the end of the burning process, the formation rate will start to decrease in a gradual
manner. The NOx formation becomes constant in the remaining time of the cycle since an equilibrium
state will be reached. By reviewing the NOx emissions level, it is relatively high for lean mixtures compared
to those levels when rich or stoichiometric conditions are applied. Basically, this refers to the noticeable
difference in the O2 content between the lean and rich mixtures. As explained in the previous chapter, the
O2 molecules have less heat capacity than this of the fuel molecules; this difference in the heat capacity
will affect the reactions rate of the NOx emissions by increasing the oxidation rate of the N2 molecules. In
addition, the plenty of the O2 will speed up the fuel oxidation process while the excess air in the intake
charge will give the chance to the N2 molecules to be converted to the NOx form. However, the reactions
rate in the case of the rich mixtures is much slower due to the higher heat capacity for the involved
molecules and the less available O2 concentrations. It is expected for the ultra-lean mixtures to have less
NOx emissions due to the lack in the released heat. The insufficient fuel molecules in the intake charge
will have low HRR; this fact will limit the N2 and O2 reaction process.
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Figure 66 NOx emissions at different equivalence ratios.

Other emissions like CO and UHC are presented in the free-piston cycle products, the variations in the
equivalence ratio has a direct relation to these emissions as shown in Figure 67 . For example, lean
mixtures have the lowest CO outcomes while stoichiometric mixtures (φ=1) have moderate CO levels.
Finally, rich mixtures have the highest CO emissions formation rate since these mixtures have the lowest
O2 contents. In addition, Figure 67 shows that the changes in the CO formation vary dramatically within
the entire applied rich mixtures. However, lean mixtures are behaving in similar manner even for any
equivalence ratio that is greater than one. The similarity refers to the fact that those mixtures have plenty
of O2 molecules, which will assist the complete burning of the low concentrations fuel mixture but with
longer periods.
High CO levels are usually coupled with high UHC levels since both of those emissions are caused by
of the incomplete burning of the fuel. Based on that, it is expected to have higher UHC levels within the
rich mixtures combustion due to the highly concentrated fuel molecules. Incomplete combustion events
have a significant effect on the work output ratio of the engine, this makes the rich mixtures inefficient
compare to the lean ones, which often have higher work output ratio.
The quality of the fuel-air combustion can be measured also by predicting CO2 levels. An interested
observation can be noticed in Figure 68 where CO2 emissions formation is presented at different
equivalence ratios. Figure 68 indicates that CO2 formation increase as the equivalence ratio decreases.
This behavior is expected since better burning events are achieved at higher O2 concentrations. However,
when the mixture starts to be in the lean zone, the rate of the CO2 formation will start to be constant. This
is observed because the fuel will be completely burned to form CO2 molecules with no chance for CO
molecules. Such conclusions proof that ultra-lean combustion is among the most suitable environments
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for the HCCI engines. The higher work output ratios and low emissions are the most desirable features of
HCCI environments.

Figure 67 CO emissions at different equivalence ratios.

Figure 68 CO2 emissions at different equivalence ratios.
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Equivalence ratio effect at variable intake temperature.
The intake gas temperature is one of the effective factors that can affect the overall combustion
process. The variations in this temperature can be ether in purpose like in the case of cooled and hot EGR,
or it can be due the improper gas exchange process at the intake event. In this section, the equivalence
ratio effect at different intake temperatures has been investigated.
In Figure 69, the peak in-cylinder pressure is presented at different intake temperatures and
equivalence ratios. The intake pressure and mass have been held constant during the simulations. At low
intake temperature values, Figure 69 shows that, the lean mixtures have the maximum peak pressures,
which refers to many reasons like the time and location of the ignition. However, at relatively higher intake
temperatures, the effect of the equivalence ratio will start to be weak. In the case of the rich mixtures,
the increasing in the intake temperature from low to moderate values will rise the peak pressure
significantly within this temperature range. A slight reduction in the peak temperature is observed as the
intake temperature exceeded the moderate values (Tin>560). In the other side, the stoichiometric
conditions have the minimum peak pressure at all intake temperatures levels. This is referred to the low
compressions ratio compared to those at lean or rich combustion. In general, increasing the intake
temperature will reduce the peak pressure in the case of the lean mixtures. In the other side, it will
increase it if stoichiometric or rich condition are applied. Such conclusion stands behind the fact that, the
high intake temperatures include early ignition events. From chemical perception, the mixture
temperature affects the reaction rate by advancing the destruction and construction of the different
species. This will speed the required reactions of the ignition and therefore earlier combustion events will
be observed. Based on that, the ignition location will be before the TDC in the case of the lean mixture
and near the TDC in the case of the rich mixtures. In fact, the absence of the fixed TDC location in the freepiston engine reflects the real effect of every parameter within the engine environment.

Figure 69 Peak pressure at different intake temperatures.
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The compression ratio is also an important engine parameter since it has a direct relation to the
stability of the performance. In the last section, the effect of the equivalence ratio on the compression
ratio had been discussed. The results showed that, the stoichiometric conditions had the minimum
compression ratio while this ratio started to increase as the mixture became rich or lean. The dilution
effect of the excess air found in the lean mixtures is the responsible about increasing the compression
ratio. In the other side, the late ignition in the case of the rich mixtures explains the reason behind their
high compression ratio as well. The effect of the equivalence ratio at different intake temperatures is
explained in Figure 70, which indicates that rich and lean mixtures combustion is attached with the highest
compression ratios at all intake temperature levels. However, the stoichiometric conditions have the
lowest compression ratio values. At the same time, for any equivalence ratio, the compression ratio
increases linearly as the intake temperature increases. Higher intake temperatures Advance the ignition
time and the ignition location by speeding up the species reactions rates so higher in-cylinder pressure
will be observed.
As the in-cylinder pressure is the motivator of the piston dynamics, a variation in the work output
ratio of the alternator is expected. This fact is illustrated in Figure 71 where the alternator work output is
demonstrated at different intake temperatures and equivalence ratios. The results show that, lean and
relatively cold mixtures have the optimal work output ratio. Typically, this refer to the high in-cylinder
pressures, which are achieved at those conditions. In addition, high temperature mixtures indicate less
work outcomes than those with low temperatures. The increasing in the intake temperature affects all
types of mixtures, but lean combustion is the most affected since a sharp reduction in the work output
ratio is predicted at high intake temperatures. In contrast, rich and stoichiometric charges are less affected
where a shallow decrease in the work output ratio is observed.

Figure 70 Compression ratio at different intake temperatures.
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Figure 71 Work output ratio at different intake temperatures.

The effect of the equivalence ratio on the in-cylinder temperature had been investigated previously.
It was noticed that, the peak temperature is high in the case of the rich and stoichiometric conditions
while it is less in the case of the lean mixtures. The reason for such behavior is the higher HRR, which
presents the burning of air-fuel mixture. Mixtures with high equivalence ratios produce more heat
compared to lean mixtures so higher peak temperatures are expected. When the effect of the intake
temperature is considered, an increasing in the peak temperature is obtained as the intake temperature
increases. In fact, higher intake temperatures expedite the species reaction rate by accelerating the
destruction process of the fuel molecules. Therefore, the bonds making and breaking between the
participating molecules will be enhanced dramatically. This observation is predicted in lean, rich and
stoichiometric mixtures combustion with relatively the same effecting rate. Such conclusions are
demonstrated clearly in Figure 72, which show the peak temperature as function of both of the
equivalence ratio and the intake temperature.
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Figure 72 In-cylinder peak temperature at different intake temperature.

From emissions perception, the NOx emissions level is not affected mostly by the intake temperature
change as Figure 73 and Figure 74 indicate. It was shown that, those emissions are more in the case of the
lean mixtures due to the plenty of O2 concentrations. Therefore, the availability of the O2 molecules is the
dominant even if higher intake temperatures are applied. In fact, a rise in the intake temperature will
speed up the NOx formation rate instantaneously but it will not increase the overall NOx quantity. This
also can be concluded by tracking the change of the NOx emission with the peak temperature. The
difference between the lean and the rich mixtures in the peak temperature has much less effect the
mixture composition. Chemically, a significant change in the reaction temperature can lead to more
molecules impact. Therefore, more branches and bonds will be broken; this will give more chances for a
new molecules formation like NOx to be produced.
In Figure 75, CO emissions is illustrated at different equivalence ratios and intake temperatures. The
figure indicates no effect on the CO levels due to the change in the intake temperature, which follows the
same trend in the case of NOx emissions. Based on that, no change in the UHC level is expected also as
those emissions are associated with the CO outcomes. As a general conclusion, the intake temperature
seems to have a negligible effect on the emissions formation within the free-piston engine, but it has a
noticeable effect on the engine performance.
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Figure 73 NOx emissions at different intake temperatures.

Figure 74 NOx variations with the maximum peak temperature.
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Figure 75 CO emissions at different intake temperatures.

6.3 Ultra-lean combustion:
In the current research, a basic study in the effect of implementing ultra-lean mixtures(ϕ ≤ 0.5) in
the free-piston operation has been performed. Evaluating the effect of the ultra-lean combustion on the
dynamics and the in-cylinder thermodynamic process is the main target of the study. All of the condition
and parameters have been summarized in Table 6 but with different equivalence ratios.
Starting with the ignition delay and the HRR, Figure 76 represents the HRR produced by the freepiston engine at different low equivalence ratios. Within the ultra-lean range(ϕ ≤ 0.5), the ignition delay
is decreasing as the equivalence ratio decreases which is expected for lean combustion. The difference in
the case of the ultra-lean combustion is the burning duration. This duration is increasing noticeably as
lower equivalence ratios are implemented. Typically, the slower oxidation rate of the fuel molecules by
the intake air is the main reason of this increase in the burning duration. In fact, the excessive air quantities
in the ultra-lean charges act as diluters for the whole fuel-air charge, this dilution effect will decrease the
reactions speed dramatically. In advanced cases, a full suppression of those reactions can happen leading
to misfire in the combustion chamber. Finally, Figure 76 indicates very low HRR values when extra low
equivalence ratios are applied. The limited fuel molecules compared to the air molecules is the reason
for such low HRR values.
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Figure 76 HRR at different equivalence ratios (ultra-lean).

The in-cylinder pressure of the free-piston engine is presented in Figure 77 for different ultra-lean
mixtures. It is noticed that, a slight decrease in the peak pressure is obtained as very low equivalence
ratios are used. The ignition delay and the combustion duration are also identified for each equivalence
ratio. The combustion event appears in the case of the extra low equivalence ratio as a gradual increasing
in the pressure; in the other side, a sharp and sudden event is observed at higher equivalence ratios. The
reason of that is the variations in the reactions rate between the fuel and air molecules due to the dilution
effects. Theoretically, the small difference in the peak pressure will enhance the thermal efficiency of the
engine by keeping the same combustion pressure but with less energy consumption.
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Figure 77 In-cylinder pressure at different equivalence ratios (ultra-lean).

Extra details can be obtained from Figure 78 where the in-cylinder pressure is presented as a function
of the of the piston position. The difference in the burning duration is shown clearly in the figure. In the
case of the extra low equivalence ratios, the ignition event is slower and it occurs smoothly at the end of
the compression stroke. In the other side, a sharp and sudden pressure rise coupled with a short burning
time are observed at higher equivalence ratios. Figure 78 demonstrates an important observation as well
by showing the significant variations in the adverse work area. The adverse work becomes greater as the
fuel-air mixture becomes leaner; this indicates that the piston has higher kinetics energy compared to the
energy that is delivered to the alternator. At the same time, the springs store the same energy regardless
the mixture case since they have constant stiffness values. Such increasing in the kinetics energy refers to
the disability of the engine to absorb the piston energy completely during the expansion stroke. The early
ignition events and the reduction in the applied load explain the changes in the adverse work values. In
fact, the operation stability requires the system to satisfy the initial conditions to end of the cycle. The
controller changes the load based on the available piston energy; but at the same time, it works on
achieving the cycle stability by seeking the same initial conditions at the end of cycle. The variations in the
adverse work require extra control; this makes the use of very ultra-lean mixtures impractical in many
cases due to these difficulties.
In Figure 79, the compression ratio for different ultra-lean mixtures is presented, the compression
ratio is decreasing dramatically as the mixture becomes far from the ultra-lean region. This reduction in
the compression ratio shows the ability of the ultra-lean mixtures in extending the compression ratio
range within the HCCI operation. The chemical composition of the ultra-lean mixtures will assist the rise
in the compression ratio by the producing a diluted mixture using the excess air content. The resulted
charges will show a high reduction in the reactions rate. As a result, the mixture will require higher
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compression to reach the ignition point. The self-ignition temperature will also be higher due to this high
compression ratio.

Figure 78 Pressure-position diagram at different equivalence ratios (ultra-lean).

Figure 79 Compression ratio at different equivalence ratios (ultra-lean).
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The in-cylinder pressure variations are always associated with the variations in the work output ratio.
Figure 80 describes the alternator work output of the free-piston engine as a function of the equivalence
ratio. The figure indicates that the alternator is more efficient when ultra-lean mixtures are implemented.
However, low equivalence ratios (φ<0.3) will show a reduction in the work output ratio. Moderate ultralean mixtures (0.3<φ<0.5) have the optimal work percentages while mixtures that exceeded that limit
show lower work outputs. Although the ultra-lean charges appear more efficient, but still their load range
is limited within the light range. Technically, the alternator determines the transferring of the combustion
energy to a useful work. Therefore, since ultra-lean mixtures have great adverse work, this will limit their
operation to be only within the light load applications.

Figure 80 Work output ratio vs. equivalence ratio (ultra-lean).

By considering the effect of the ultra-lean implementation on the combustion temperature, it was
found that the peak temperature is decreasing significantly, as the mixture becomes leaner. These results
are illustrated in Figure 81 clearly. The obtained reduction in the HRR, which is observed at low
equivalence ratios, explains the low combustion peak temperatures. In addition, the excess air within the
intake charge is acting like a coolant during the fuel-air burning. The overall effect will reduce the species
reactions speed and their burning time. Usually, at similar conditions high heat losing rates are observed
due to the plenty of time that is available for the gradual heat transfer process. Emissions like NOx will
have some variations in their formation rate with the combustion temperatures. Low peak temperatures
will indicate low NOx emissions outcomes and high peak temperatures refer to high NOx formation. In
general, the results show that a significant peak temperature reduction is necessary to decrease the NOx
formation rate in a practical manner.
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Figure 81 In-cylinder temperature at different equivalence ratios (ultra-lean).

Lean mixtures that are close to the stoichiometric conditions have high NOx emissions. The complete
burning of the intake charges provides the heat necessary to form the NOx molecules; in addition, the
excess O2 content at that level will also assist the oxidation of any N atoms later on. In the case of the
ultra-lean mixtures, a very sharp reduction in the NOx formation is achieved by reducing the combustion
peak temperature dramatically. N2 and O2 molecules reactions will be limited when relatively low
temperatures are presented. Figure 82 demonstrates this fact clearly, where the NOx is presented at
different low equivalence ratios. Figure 82 includes the lowest NOx level that is obtained at rich conditions
for comparison purposes. A sharp drop in the NOx formation rate is observed as extra low equivalence
ratios are applied, low values like (φ=0.3) results with similar formation rate to this found in the case of
the rich mixture (φ=1.2). Furthermore, less equivalence ratios will show near zero NOx emission levels.
Such results reflect the effectiveness of using ultra-lean combustion in NOx emissions reduction. However,
the mentioned difficulties in controlling the system performance will limit the use of the ultra-lean
combustion.
CO emissions under the effect of the ultra-lean combustion have been also investigated. Figure 83
presents the CO emissions formation rate at different ultra-lean values. As indicated in the figure, the CO
formation rate is almost zero during the cycle except at ignition event. The absence of the adequate fuel
molecules and the availability of excess air will restrict any incomplete burning process; therefore, no
chances to produce CO molecules are presented. In similar way, the UHC emissions will be in the minimum
levels since low CO levels indicate low UHC usually as the last are strongly defined by the CO formation
factors.
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Figure 82 NOx emissions at different equivalence ratios (ultra-lean).

Figure 83 CO emissions at different equivalence ratios (ultra-lean).
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Chapter 7. Fuels and fuels mechanisms
Piston dynamics and the in-cylinder thermodynamics are very sensitive to HRR where any changes
within the free-piston engine cycle can affect the overall performance. This fact introduced the need of
including the fuel type under the study scoop. In addition, evaluating the engine performance under the
influence of different types of fuel will define the best suitable conditions for the engine. The importance
of the fuel investigation is not limited by the heating value only, it includes the durability and the reliability
of the engine performance as well [97].

7.1 Fuel variations effect
In order to investigate the performance of the free-piston engine model under the influence of
different fuels, the fuels listed in Table 7 have been applied under the specified conditions where the fuels
have been applied under the same masses and intake conditions.
Table 7 Fuel types and initial conditions.

Fuel
Methane (CH4)
Ethanol (C2H6O)
Propane (C3H8)
DME (CH3OCH3)
n-heptane (C7H16)

Air to fuel
17.25
9.00
15.68
9.00
15.18

Air-fuel mass (g)
0.0156
0.0174
0.0174
0.0174
0.0180

φ
1
1
1
1
1

T0 (K)
560
560
560
560
560

P0 (Kpa)
101
101
101
101
101

Starting with the heat release rate, Figure 84 illustrates the HRR of Methane, Ethanol, Propane, DME
and n-Heptane combustion process. Those fuels have been discussed within the literature review chapter.
Two main features can be concluded out of Figure 84, the ignition delay and the HRR value. In the case of
the ignition delay, each fuel shows a unique ignition where some fuels as DME ignites very early while
others as Methane has a late ignition event. Fuels like Propane and n-heptane shows intermediate ignition
delay. Obviously, the variations in the ignition delay refers to the unique structure of each fuel. In addition,
the nature of the free-piston engine assists the uniqueness of the fuel ignition by considering the moving
of the piston under the chemical reactions solely. The resistance of the fuel to knock was discussed before
by introducing the Methane number. This number is an index for each fuel ignition resistance based on
its content of Hydrogen and Carbon. For the mentioned fuels, DME has the lowest Methane number then
Ethanol and of course, Methane will have the highest value. The second feature is the HRR value; in this
case, n-heptane has the highest HRR while Ethanol has the lowest value. The nature of the exothermic
and endothermic reactions and the difference in the enthalpy of formation in those reactions are the main
reasons for such variations in HRR.

100

Figure 84 HRR for different fuel types.

The in-cylinder pressure for each fuel is demonstrated in Figure 85. The figure presents the ignition
event as a sharp and sudden rise in the pressure at the end of the compression stroke. Fuels which have
low ignition delay like DME ignites first; however, fuels like Methane will stay longer until ignition process
is happen. The peak pressure of combustion varies from fuel to fuel as well. n-heptane shows the highest
peak pressure value while all of the remaining fuels have very close values. It is known that the pressure
diagram will give an estimation about the system efficiency. The relation between the pressure and the
piston dynamics as it is shown in Figure 86 describes the in-cylinder pressure as a function of the piston
position. Figure 86 was zoomed near the TDC region for the importance of combustion process. Low knock
resistance fuel will have shorter compression stroke in general. However, fuels like n-heptane show longer
strokes; this reflects the independency between the ignition delay and the ignition location. All of the
mentioned fuel except Methane ignited at the TDC position. Methane has the ignition after the TDC
position because of its high knock resistance. The fuels that have TDC ignition events show smooth
transfer from the compression stage to the combustion process. The combustion process cannot be
defined specifically for each fuel. The difference in the TDC location leads to the conclusion that the
ignition in the free-piston engine is unique for each fuel. This fact differentiates the free-piston engine
from the conventional one where the ignition can be controlled to a specific time. The variations in the
combustion process are reflected also in the adverse work area for each fuel cycle. Fuels like Ethanol show
large adverse work areas while Methane for example does not show completely. It was found that the
system control requires the treatment of the adverse work area in order to achieve the stability. Less
intake temperatures and more near stoichiometric burning conditions were among the techniques to
reduce this work area.
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Figure 85 In-cylinder pressure for different fuels.

Figure 86 Pressure-Position diagram for different fuel types.

Changing the fuel can affect the engine compression ratio as shown in Figure 87. The compression
ratio is very close for all of the fuels except for n-heptane where it is greater. The trend shown in the
figurer seems to be similar to the peak pressure trend. In many other cases like the EGR and equivalence
ratio, no similarities in the behavior were found.
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Figure 87 Compression ratio for different fuel types

Figure 88 represents the in-cylinder temperature of the free-piston engine under the influence of
different fuel types. Starting with the self-ignition temperature of each fuel, this temperature is the
highest for Methane while all the other fuels have less self-ignition temperature. In the case of the peak
temperature, n-heptane shows the lowest peak temperature among all the presented fuels, which share
a close peak temperature values. Typically, the difference in the peak temperature refers to many reasons.
The self-ignition temperature and the burning duration are the most effective factors. Fuels like n-heptane
for example show low ignition temperature and short burning time compared to fuels like Methane.
Many of the mentioned parameters showed a sensitivity to applied fuel. As a result, the free-piston
engine work output will also have some variations. In Figure 89, the work output ratio of the free-piston
engine is presented. There is a slight difference in the work output ratio as different fuel is applied. The
results that indicate that Methane is the most efficient fuel show also close work output ratio for the other
fuels. Similar work outputs support that ability of the engine model to work under the influence of
different fuels. In such cases, the converting from using conventional fuels to more environmental ones
will be an efficient way to reduce the emissions as well.
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Figure 88 In-cylinder temperature for different fuel types.

Figure 89 Work output ratio for different fuel types.
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7.2 Fuel mechanism
In the case of the free-piston engine where the thermodynamics and the dynamics are coupled tightly,
it is expected to have performance sensitivity toward the fuel mechanism. The unconstrained nature of
the free-piston engine in addition to the HCCI nature will be the main factors that should be considered if
a reduced mechanism will be implemented. In this study, a quick evaluating of the free-piston model has
been performed under the effect of different detailed and reduced mechanisms. Three main fuels have
been implemented in both aspects (detailed and reduced). Methane is presented by two mechanisms,
GRI3.0 [113](53 species and 325 reactions) as the full detailed mechanism and a reduced mechanism by
Lu and Law [137] (36 species and 222 reactions). Ethanol is used as well, a mechanism by Marinov [138]
(61 species and 396 reactions) represents the detailed mechanism while the reduced one is by Zhang et
al [139] (40 species and 241 reactions). Finally, n-heptane is introduced by a full mechanism (556 species
and 2540 reactions) done by Curran et al [140]. In the other side a reduced mechanism is implemented as
well, the mechanism (159 species and 770 reactions) was developed by Seiser et al [141]. Based on their
developers, the reduced mechanisms had been approved for HCCI combustion process where the ignition
delay and combustion phase are the main concerns of those mechanisms. In the other side, the reduced
mechanism does not include emissions calculations, so no emissions comparison is considered in this
section. The selected fuels mechanisms are listed in Table 8 where each mechanism species and reactions
numbers are listed by including the detailed and the reduced numbers.
The mechanisms have been applied to the free-piston engine model of this research and their results
are shown in the figures below. Starting with the ignition delay, the HRR is illustrated Figure 90; as the
figure shows, there is a slight difference between the ignition delay in the case of the reduced
mechanisms. It is seen that the fuel-air mixture is taking more time to ignite in the case of the reduced
mechanism for all of the presented fuels. The difference in the ignition delay can be explained by the
reactions, which were reduced in the reduction process of the mechanism. The nature of the exothermic
reactions plays a significant role in detraining the ignition temperature, in the case of the reduced
mechanisms, many reactions from the detailed mechanism were combined and replaced with less
accurate ones. Depending on the nature of those reactions and the number of the reduction steps, the
change in the ignition delay will vary.
In this section, different fuel mechanisms have been applied to the engine model in order to predict
the impact of the species and reactions reduction on the overall performance. The fuel mechanisms
illustrated in Table 8 have been used under the listed conditions.
Table 8 Detailed and reduced mechanisms of some famous fuels.
Detailed Mechanism
Fuel

species

reactions

Reduced Mechanism
Species

reactions

Methane

53

325

36

222

17.25

Air-fuel
mass (g)
0.0156

Ethanol

61

396

40

241

9.00

0.0172

1

560

101

n-heptane

556

2540

159

770

15.18

0.0180

1

560

101
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Air to fuel

φ

T0 (K)

P0 (Kpa)

1

560
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Figure 90 HRR for detailed and reduced mechanisms.

Figure 91 explains the effect of the mechanism reduction on the in-cylinder pressure. The pressure
profiles are typically similar for each fuel but the difference is in the ignition pressure (ignition delay) and
the peak pressure value. The variations in the ignition pressure can be explained by the same reasons,
which were mentioned before to explain the variations in the ignition delay. The reduction process of
some species and their reactions will change the ignition time and HRR values; therefore, the combustion
pressure will vary as a result. In addition, the peak pressure differs as the detailed mechanism replaced
by the reduced one. The difference in the peak pressure seems to be strongly coupled with the reduction
steps, the difference is low for Methane and relatively high for n-heptane.
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Figure 91 In-cylinder pressure (detailed vs. reduced mechanisms).

In Figure 92, the in-cylinder pressure is presented as a function of the piston position. The ignition
location is clearly figured for each fuel mechanism (reduced & detailed). Variations in the TDC locations
are presented for each fuel, some fuels ignite after the TDC point while other ignite at the TDC. The
mechanism reduction affects the location of TDC by changing the location of the TDC. Fuels that ignite at
TDC have a closer TDC to the cylinder head when reduced mechanisms are applied. Typically, Figure 92
indicates less clearance volume for fuels that are represented by reduced mechanisms but with low knock
resistance. However, this fact is not valid with high knock resistance fuels like Methane where the
combustion occurs after the TDC location. Another observation is the significant difference between the
TDC locations in the case of Ethanol and n-heptane while this difference is small for Methane. Such
observation leads to the conclusion that the reduction steps and the nature of the reduced reactions have
a strong effect on the ignition process. The Adverse work seems to be affected by the mechanism
reduction as well. This work is less in the case of the reduced mechanisms for those fuels with short
ignition delay. The earlier ignition events assist the increasing of the in-cylinder pressure since it will
happen during the compression stroke. The increasing pressure will be met with slower expansion stroke,
which will leave the piston with higher kinetic energy.
Next, the variations in the compression ratio due the mechanism reduction is illustrated in Figure 93.
The compression ratio is almost the same for the detailed and the reduced mechanisms expect for nheptane where the reduced mechanism results with higher compression ratio. The large number of
reduction steps done on n-heptane mechanism is the reason for this noticeable difference in the
compression ratio.
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Figure 92 Pressure-position diagram (detailed vs. reduced mechanisms).

Figure 93 Compression ratio (detailed vs. reduced mechanism).
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As another comparison, the in-cylinder temperature variations is demonstrated in Figure 94 in order
to investigate the effect of the mechanism reduction on the in cylinder temperature. The variations in the
ignition delay are translated to variations in the self-ignition and the peak temperatures. In the case of
the self-ignition temperature, Figure 94 indicates a slight difference in this temperature between the
values presented by the detailed and the reduced mechanisms. In addition, the peak temperatures vary
between the detailed and the reduced mechanism in more aggressive manner. This variation is slight for
Methane and Ethanol fuels while it is significant for n-heptane. Such difference in the peak temperature
can be explained by the difference in the HHR. The reduction process will affect many of the exothermic
reaction that will assist increasing the HRR. Temperature investigations can be useful in estimation the
NOx emissions since high peak temperatures refer usually to high NOx formations. In fact, this section has
been introduced to show the effect of the mechanism reduction on the free-piston performance
specifically. However, many mechanisms are designed for emissions examinations by introducing extra
reactions to represent the emissions formation.

Figure 94 In-cylinder temperature (detailed vs. reduced).
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Lastly, the effect of the mechanism reduction on the overall work output ratio has been investigated
as in Figure 95. The figure indicates that there is a slight difference in the overall work output ratio
between the detailed and the reduced mechanisms. Such observations show the ability of the reduced
mechanisms to replace the detailed ones with less computational costs. In general, mechanisms reduction
is a good tool to cut the calculation time and investigate specific parameters within the engine system.

Figure 95 Work output ratio (detailed vs. reduced).
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Chapter 8.

Summary and conclusions

Free-piston engines show their ability to replace the conventional slider-crank engines. The simple
design and the high efficiency are among the features of the free-piston devices. Such features motivate
the series of the researches and developments that have been introduced in this dissertation. Many topics
have been covered within the dissertation body, starting with introducing the chemical kinetics approach,
and ending with building a numerical model and examining its parameters.
The contributions of the dissertation can be summarized in the following points:
 Introducing the chemical kinetics approach in the free-piston engine field as a more accurate tool than
the empirical approach in predicting the HRR.
 Study effect of the HRR on the piston motion, which assists in enhancing the overall system by
understanding the relation between the dynamics and the thermodynamics of the free-piston engine.
 Study the effect of the different combustion phasing parameters on the system performance by
studying parameters like the EGR, equivalence ratio and the intake temperature.
 Study the possibility of introducing a proper controlling technique that is able to drive the engine
operation and eliminate the cyclic variations.
 Evaluating the model performance from emissions perception by considering main engine emissions
like NOx and CO.
By introducing the chemical kinetics approach, the ability of truly examining the start of combustion
and the HRR is more realistic than using the empirical approaches. In addition to their accuracy, chemical
kinetics offers many ways to investigate the engine performance. Testing different fuels and fuel
compositions, in addition to examining the system emissions are examples of the chemical kinetics
abilities.
The contents of the dissertation cover three main parts, model building and simulation, model
parameters examination and the model control. The basic model consists of two main sub-models, the
dynamic sub-model and the in-cylinder thermodynamic one. In the case of the dynamic sub-model, a
mathematical model has been presented based on Newton`s second law by balancing the forces over the
engine piston. The combustion pressure force demonstrates the gate between the two sub-models by
connecting the fuel chemistry and the piston motion. The fuel-air mixture reactions have been calculated
to obtain the HRR and therefore the in-cylinder pressure profile. Cantera toolbox presents the chemistry
calculations in the study, in addition to MATLAB® as the main platform for all calculations.
The model describes fuel combustion in a single cylinder, two stroke free-piston engine under the
HCCI combustion conditions. The system includes springs to support high frequencies and assist the piston
during the compression stroke to avoid misfiring events. A single zone, zero-dimensional approach has
been applied to simulate the fuel-air burning in PSR reactor that ensures a perfect and ideal gas mixing.
In this approach, the fuel is assumed to be ignited homogeneously due to the increasing in its temperature
and pressure solely, which simply presents the HCCI ignition mode. The nature of the fuel-air species
reactions defines the whole aspects of the HCCI combustion. Cantera represents those reactions by
analyzing the fuel mechanism and feeding the main code with the reactions rate. The species reaction
equations, the first law of thermodynamics and the ideal gas law are solved as a system using stiff ODE
solver. The resulting pressure and temperature data feed the dynamic sub-model in a cyclic manner until
a certain tolerance is satisfied. The same simulation procedure is used when cases like EGR and
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equivalence ratio are applied. To demonstrate the engine operation, a multi-cycle simulation has been
performed using different controlling techniques that consider the HCCI operation. The overall system
efficiency has been evaluated based on the net delivered work to the electrical alternator.
The results of the simulations have been distributed along the dissertation chapters. At first, a multicycle simulation has been used to simulate the engine operation. Thereafter, the examining the effect of
the system parameters on the overall performance has been done. Finally, investigations of the main
engine emissions have been performed.
In the case of the multi-cycle simulation, the results describe the operation of the free-piston engine
by simulating 100 cycles under the stoichiometric conditions. The cycles have an average frequency of
125 Hz at near-steady state conditions. The resulting electrical alternator converts 47% of the total
chemical energy to electrical work. The stability of the engine strongly depends on the alternator load;
this load is the core of the engine control scheme. It has been shown that HCCI ignition strongly affects
the performance of the engine. Early ignition (just before TDC) events encourages better engine stability
and performance. The transition from cycle to cycle is achieved with the use of a PD controller unit which
adjust the alternator load based on the cyclic change in the piston bottom dead center position. The PD
controller shows some limitations in performing a full steady state operation, however; it has the potential
to guide the operation to desired number of cycles. Another try to push the model toward the steady
state operation has been applied under the influence of a PI controller. The PI controller aims to reach a
certain compression ratio by applying an alternator load, which is proportional to the piston velocity
profile. The results of the PI controller indicate some unique performance after 15 cycles of operation
where the engine starts to work between two compression ratios in a steady manner. The complexity of
defining the exact relation between the fuel chemistry and the piston motion restricts the full
understating of PI controller contribution.
At the same time, a study of many system parameters has been performed. One of the basic studies
is to evaluate the effect of using some of the exhaust gases as one of the combustion reactants. The EGR
impact on the combustion process and the formation of NOx has been simulated and examined. The
simulation results indicate an increase in the produced alternator work as the amount of EGR reach 30%
of the total charge mixture. The increasing in the compression stroke length and therefore the increasing
in the in-cylinder pressure are the main explanations for the increase in the alternator work. The
application of EGR shows the ability to significantly decrease the bulk peak temperature and therefore
reduce the formation of the NOx emissions. In the other side, EGR decrease both of CO and UHC emissions,
mainly methane molecules due to the low available temperatures for CO2 decomposition. The impact of
EGR on the combustion and emissions is due to the reduced fuel-O2 concentrations within the reactants
and the thermal and dilution effects of the CO2 and H2O molecules that found in EGR gases. Hot and
cooled EGR charges have been applied as well; the two charges differ noticeably in their effect on the
system parameters but not significantly in their effect on engine emissions. The nature of the emissions
reactions depends potentially on the mixture composition rather than the mixture bulk temperature.
In addition to EGR, the effect of the intake temperature and the equivalence ratio have been
examined. By evaluating the intake temperature effect, the results indicate that, the ignition event starts
to happen earlier (before TDC) as the intake temperature increases. The HRR increases within the low and
the intermediate temperature values of the applied temperatures range. A drop in the HHR is figured after
that as relatively high intake temperatures are reached. The adverse work within the cycle is also affected
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by the intake temperature; it is observed that the area of this work is growing as the charge temperature
increases. The net delivered work to the alternator increases as the intake temperature increases but not
at high temperature values. It is shown that moderate intake temperatures have the optimal work output
ratio since the combustion process is occurring at high compression ratios. In the emissions side, it is
noticed that, the intake temperature has no effect on the emissions formation. In fact, the intake
temperature accelerates the formation process, but it has no effect on the emissions quantities. Typically,
emissions production is much controlled by the mixture composition than the mixture temperature where
the nature of the involved species is the dominance.
Fuel-air equivalence ratio has been also examined within the dissertation; the impact of using rich and
lean mixtures on the system performance is the target of this examination. It is found that, at constant
intake temperature (540K); the HRR is less for lean mixtures (φ<1) than the rich mixtures (φ>1), while the
in-cylinder peak pressure is higher for the lean mixtures. The peak temperature that is obtained when
lean mixtures is burning is relatively low when compared with the one at rich or stoichiometric
combustion. The difference in the ignition time and the HRR explain the previous observations. The effect
of the equivalence ratio on the alternator work is found to be aggressive. Lean mixtures show much higher
work output ratios than the rich ones in terms of the total fuel energy input. Emissions have been
evaluated under this task as well, NOx is found to be high in lean charges combustion due to the excessive
O2 concentrations and the relatively high bulk temperatures. However, CO and UHC are much less for lean
combustion since the possibility of having incomplete combustion is almost not available due to the plenty
of air in those mixtures. For more examination, the intake temperature has been considered as a second
factor beside the equivalence ratio. Relatively cold charges with lean properties show the most efficient
performance as long as the lowest peak temperatures. In the other side, rich mixtures with moderate
intake temperature values show in-cylinder pressure levels similar to those found in lean combustion
process. In terms of emissions, no effect is obtained for the different intake temperature values for both
of the rich and lean combustion.
The dissertation includes a specific study of the ultra-lean mixtures as well. The aim of including the
ultra-lean concept is to show the ability of the lean mixtures in reducing NOx emissions. The results
indicate NOx levels as low as those levels found in the case of the rich mixtures burning. However, the
alternator work output starts to drop while the mixture goes to extreme lean values. The main reason
behind the ability of the ultra-lean mixture to reduce NOx formation is the great drop in the combustion
peak temperatures. The dilution effects done by the excessive air molecules in the combustion chamber
explain such drop in the bulk temperature. In the other side, the power output is reduced because of the
less introduced fuel into the cylinder and also due to the poor combustion efficiency which cause an
expected unburned fuel in the exhaust products.
Finally, the fuel type and the fuel mechanism have been investigated to obtain the sensitivity of the
engine model to those factors. When different fuels have been tested, the variation of the performance
seems obviously. Fuels like DME ignite early where fuels like Methane take longer time. The unrestricted
nature of the free-piston engine allows the full comparison between the different fuels. In general, the
model shows the ability of the engine to work with different fuels. In the case of the fuel mechanism, the
results indicate close performance between the full and reduced mechanisms while some differences are
observed in some parameters like the mixture pressure and temperature.
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Chapter 10. Appendix
10.1 Functions and main MATLAB® code
Stoichiometric combustion calculator
function [Air_mass,O2_mass,N2_mass,CO2_mass,H2O_mass,EG_mass ] = stoich_air(gas,Fuel,Fuel2,Fuel_f
)
%This function is to calculate the theroretical air mass for any fuel
[m n]=size(Fuel);
mw=molecularWeights(gas);
io2 = speciesIndex(gas,'O2');
in2 = speciesIndex(gas,'N2');
ih2o= speciesIndex(gas,'H2O');
ico2= speciesIndex(gas,'CO2');
for i=1:n
ifuel(i) = speciesIndex(gas,Fuel{i});
string(i,:)={Fuel2{i},'O2','CO2','H2O'};
V(:,i)=stoich(string(i,:));
Air_moles(i)=V(2,i)*Fuel_f(i)/mw(ifuel(i),1);
O2_ma(i)=Air_moles(i)*1*mw(io2,1);
N2_ma(i)=Air_moles(i)*3.76*mw(in2,1);
CO2_ma(i)=V(3,i)*Fuel_f(i)/mw(ifuel(i),1);
H2O_ma(i)=V(4,i)*Fuel_f(i)/mw(ifuel(i),1);
Air_ma(i)=O2_ma(i)+N2_ma(i);
end
Air_mass=-sum(Air_ma);
O2_mass=-sum(O2_ma);
N2_mass=-sum(N2_ma);
CO2_mass=sum(CO2_ma);
H2O_mass=sum(H2O_ma);
EG_mass=N2_mass+CO2_mass+H2O_mass;
end
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Piston position, velocity and acceleration calculation

function [V,endsim,x,v,a,Fs,Ff,Fw,Fp,Fg ] = Vol_Cr_MRC( P_new,vol,i,dt,x0,v0,a0,v_init )
global dir Smax bore dEP Area mass k kbias fco Wa Ca grav
if i == 1

Friction model parameters
fmep = 150*1000*Smax;%friction mean effective pressure
fco = pi*bore^2/8*fmep;%friction force coefficient [N]
%friction correlation as prescribed by Blair in Design and
%Simulation of Two-Stroke Engines

Alternator model parameters
% A = 25;

%work force amplitude [N]

Model
x_init =vol/Area;%initial piston position [m]
x = x_init; %position [m]
v = v_init;
%velocity [m/s]
V = pi*bore^2/4*x;
dir = sign(v);
Fp = pi*bore^2/4*P_new;
[Ff] = friction(fco);
[Fs] = springs(x,k,kbias);
[Fw] = work(v,Wa,Ca);
[Fg] = -mass*grav;
a = 1/mass*(Fs+Ff+Fw+Fp+Fg);
endsim = 0;
else
% calculates forces and a,v,x
v = v0+a0*dt; %guesses for force calculations
x = x0+0.5*(v+v0)*dt;
P_mot = P_new; % to be changed by the ode solver results
Fp =
[Ff]
[Fs]
[Fw]

pi*bore^2/4*P_mot;
= friction(fco);
= springs(x,k,kbias);
= work(v,Wa,Ca);
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Fg = -mass*grav;
a = 1/mass*(Fs+Ff+Fw+Fp+Fg);
v = v0+0.5*(a+a0)*dt;
x = x0+0.5*(v+v0)*dt;
V = pi*bore^2/4*x;
dir = sign(v);

% output volume

if x>=dEP
endsim = 1;
else
endsim = 0;
end
end
end
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Main MATLAB® code for multi-cycle calculations
Initialization
clc
clear all
close all
global bore Smax Area dEP gamma mass k kbias grav T_in P_in Results Wa Ca mix_m R_mass vel_m
Results.time
=
Results.P
=
Results.T
=
Results.Q
=
Results.x
=
Results.v
=
Results.a
=
Results.V
=
Results.Fs
=
Results.Ff
=
Results.Fw
=
Results.Fp
=
Results.Fg
=
T0=525;
P0=1.065*oneatm;

[];
[];
[];
[];
[];
[];
[];
[];
[];
[];
[];
[];
[];

Engine parameters
mass
kbias
k
grav
bore
Smax
Area
dEP
gamma=1.37;
P_in
T_in
Ca=4.6;
x0=dEP;
V0=x0*Area;
vel0=-9;
Cp_ex=0.0;
CP_air=0.0;
T_ex=T0;

=
=
=
=
=
=
=
=

0.5;
% translator mass [kg]
0.018;
% spring neutral point [m]
232500;
% spring stiffness [N/m]
9.81;
% gravity acceleration [m/s^2]
0.030;
% engine piston bore [m]
bore*1.7;
% max stroke [m]
pi*bore^2/4; % piston head area [m^2]
0.7*Smax; % port location wrt max stroke [m]

= P0
= T0;

;

% intake pressure [Pa]
% intake temperature [K]
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Simulation
Assumes the cycle begins with velocity = 0 and x0 = port closed position (dEP) to begin the compression
stroke. Below, x0 is parameterized according to the maximum allowable stroke (Smax).
CR_targ=40;
CR_in=47;
Xbdc_fix=x0*1.092;
Xbdc=0.0;
Vel_fx=-8.0;
tr=1;
sig=0.0;
G_P=1;
G_I=1;
I_in=0.0;
ER_cr=0.0;
format long
%0.1396;
cycle = 1;
maxcycles = 20;
vel_m=8;
while cycle <= maxcycles

%
%

% Gas definition
gas=GRI30('Mix');
%gas = importPhase('gri30.cti');
mw=molecularWeights(gas);
nsp=nSpecies(gas);
Fuel=[{'H2'}];
Fuel_f=[0.1];

Fuel=[{'C2H6' 'CH4' 'C3H8'}];
Fuel2=[{'C2H6' 'CH4' 'C3H8'}];
Fuel_f=[0.001922371 0.019879695 0.001859415];
%[0.04537517 0.46923537 0.04388917];
%;
Fuel_mass=sum(Fuel_f);
[ther_air ,ther_O2,
ther_N2,ther_CO2,ther_H2O,ther_EG]=stoich_air(gas,Fuel,Fuel2,Fuel_f);
F_A=Fuel_mass/ther_air;
%
Fuel_acm=F_A*mix_m; * LHV(KJ/KG)*1000
YY = zeros(nsp,1);
[mm nn]=size(Fuel);
for i=1:nn
ifuel(i)=speciesIndex(gas,Fuel{i});
YY(ifuel(i),1) = Fuel_f(i)*1.0;
end
io2 = speciesIndex(gas,'O2');
in2 = speciesIndex(gas,'N2');
ico2 = speciesIndex(gas,'CO2');
ih2o = speciesIndex(gas,'H2O');
if cycle == 1%%%%%%%%%%%%%%%%%%%% initializations for first cycle
Q0
= 0;
% heat release rate [W]
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t_0
= 0;
x0
= dEP;
V0
= x0*Area;
vel0(cycle)
= -9;
Xbdc_fix=x0*1.092;
%
Wa= 1-G_P*E_cr-G_I*I(cycle-1)
input%%%%%%%%%%%%
EGR_st=0.0;

% time [s]
% piston position [m]
% cylinder volume [m^3]
% piston velocity [m/s]
% bottom dead center position [m]
% work amplitude estimate - needs Qin as an

else%%%%%%%%%%%%%%%%%%%%%%%%%%%%% initializations for additional cycles
t_0
P0
=
T0
Q0
%x0
x0
V0
%vel0
vel0(cycle)
A=220;

= Results.time(end);% time [s]
Results.P(end);
% pressure [P]
= Results.T(end);
% temperature [K]
= Results.Q(end);
% heat release rate [W]
= dEP;
% piston position [m]
= Results.x(end);
% position [m]
= Results.V(end);
% volume [m^3]
= -7.3869;
% velocity [m/s]
= Results.v(end)
% velocity [m/s]

EGR_st=0.0;
Cp_avg=(1-EGR_st)*Cp_air+EGR_st*Cp_ex;
T0=((1-EGR_st)*Cp_air*T0+EGR_st*Cp_ex*T_ex)/Cp_avg;
end
EGR(cycle)=EGR_st*ther_air/(ther_air+Fuel_mass);
YY(io2,1) = (1-EGR_st)*ther_O2;
YY(in2,1) = ther_N2;
YY(ico2,1) = EGR_st* ther_CO2;
YY(ih2o,1) = EGR_st*ther_H2O;
set(gas,'T',T0,'P',P0,'Y',YY,'nonorm');
T_EGR(cycle)=T0;
set(gas,'T',T0,'P',P0,'Y',YY,'nonorm');
if cycle==1
Cp_air=cp_mass(gas);
end
gamma=cp_mass(gas)/cv_mass(gas);
R_mass=sum(gasconstant*(YY/sum(YY))./mw);
mix_m=P0*V0/(R_mass*T0);
Fuel_at=F_A*mix_m;

Estimated volume profile
n = 1;
dt = 1E-6;
t(1)=t_0;
[T_e(1),P_e(1),V_e(1),endsim]=Engine_MCR(T0,P0,vel0(cycle),V0,n,dt);
while endsim==0
n=n+1;
t(n) = t(n-1)+dt;
[T_e(n),P_e(n),V_e(n),endsim]=Engine_MCR(T_e(n-1),P_e(n-1),1,V_e(n-1),n,dt);
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end
t_f = t(n);
fit1 = fit(t',V_e','fourier8');
hold on; figure(1);plot(t,V_e);plot(t,fit1(t),'--'); grid on; grid minor;
CR_dyn(cycle)=max(V_e)/min(V_e)
CR_act(cycle)=max(V_e)/min(V_e)
if cycle==1
ER_cr(cycle)=CR_targ-CR_act(cycle);
I(cycle)=I_in+ER_cr(cycle)*dt
Wa=1-G_P*ER_cr-G_I*I(cycle);
if Wa<0.3
Wa=0.3;
end
if Wa>10
Wa=10;
end
Wa=5;
end
if cycle>1
ER_cr(cycle)=CR_targ-CR_act(cycle);
I(cycle)=I(cycle-1)+ER_cr(cycle)*dt;
Wa=1-G_P*ER_cr(cycle)-G_I*I(cycle);
if Wa<4.6
Wa=4.6;
end
if Wa>8
Wa=8;
end
if abs(vel0(cycle))>11
Wa=Wa+4;
end
end
WAA(cycle)=Wa

Actual volume profile with
V_old(1,:) = t;
V_old(2,:) = V_e;
clear V_e T_e P_e
h = 1;
rms = 1;
while rms>3E-8
set(gas,'T',T0,'P',P0,'MassFractions',YY,'nonorm');
% Intial Condition Vector
y0 = [temperature(gas)
pressure(gas)
Q0
massFractions(gas)];
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time_interval=[t_0 t_f];
% Set the Tolerances
options = odeset('RelTol',1.e-8,'AbsTol',1.e-20,'Stats','on','MaxStep',1.e-6);
t0=cputime;
% solution
[T,Y] = ode15s(@(t,y)Chemical(t,y,gas,mw,fit1,Area,bore,cycle),time_interval,y0,options);
disp(['CPU time = ' num2str(cputime - t0)]);
P = Y(:,2);
Temp = Y(:,1);
Q=Y(:,3);

Volume profile correction
clear x v a Fs Ff Fw Fp Fg
[V_new(1),endsim,x(1),v(1),a(1),Fs(1),Ff(1),Fw(1),Fp(1),Fg(1)] =
Vol_Cr_MRC(P(1),V0(1),1,1,1,1,1,vel0(cycle));
j=1;
t_new(1)=T(1);
while endsim==0
j=j+1;
if j>size(T,1)
j=j-1;
break;
end
t_new(j)=T(j);
tdelta=T(j)-T(j-1);
[V_new(j),endsim,x(j),v(j),a(j),Fs(j),Ff(j),Fw(j),Fp(j),Fg(j) ] = Vol_Cr_MRC(
P(j),V0(1),j,tdelta,x(j-1),v(j-1),a(j-1),vel0(cycle));
end
fit1
t_f

= fit(t_new',V_new','fourier8');
= t_new(end);

V_test(1,:) = V_old(1,:);
V_test(2,:) = fit1(V_old(1,:));
rms
= sqrt(mean((V_old(2,:)-V_test(2,:)).^2));
%

fprintf('cycle %i\nrms = %.2f\n',cycle,rms)
cycle
rms;
drawnow

Ending the cycle
%Xbdc_old
endsim
t_neww

= Xbdc % the old bottom dead center
= 0;
= T(1:j)';

132

P
= Y((1:j),2)';
Temp
= Y((1:j),1)';
Q
= Y((1:j),3)';
if cycle==1
T_ex=Temp(end)*0.35;
setMassFractions(gas,Y(end,4:end),'nonorm');
set(gas, 'T', T_ex,'P',P0);
Cp_ex=cp_mass(gas);
end
while endsim == 0
j = j+1;
t_neww(j) = t_neww(j-1)+dt;
Q(j)
= Q(j-1);
[Temp(j),P(j),V(j),endsim,x(j),v(j),a(j),Fs(j),Ff(j),Fw(j),Fp(j),Fg(j)] =
Engine_endcycle(P(j-1),Temp(j-1),x(j-1),v(j-1),a(j-1),dt);
if v(j-1)>=0 && v(j)<0
Xbdc = x(j)% the new bottom dead center
end
end
%CRR(cycle)=max(x)/min(x);
V_old
= [];
V_old(1,:) = t_new;
V_old(2,:) = V_new;
V_test
= [];
V_new
= [];
t_new
= [];
h = h+1;

%
%

end
veln=v(end)
veli=v(1)
end
CR_act(cycle)=max(x)/min(x)
t_new=t_neww;

vel_p(cycle)=mean(abs(v))
acc_p(cycle)=mean(abs(a))
Results.time
Results.P
Results.T
Results.Q
Results.x
Results.v
Results.a
Results.V
Results.Fs

=
=
=
=
=
=
=
=
=

[Results.time,t_new];
[Results.P,P];
[Results.T,Temp];
[Results.Q,Q];
[Results.x,x];
[Results.v,v];
[Results.a,a];
[Results.V,x*Area];
[Results.Fs,Fs];
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%
%

Results.Ff
= [Results.Ff,Ff];
Results.Fw
= [Results.Fw,Fw];
Results.Fp
= [Results.Fp,Fp];
Results.Fg
= [Results.Fg,Fg];
vel_m
= mean(abs(Results.v))
clear t_new P Temp x v a V Fs Ff Fw Fp Fg T Y V_old t
cycle = cycle+1;
%A_old=A
AAA(cycle)=A;
xbd_c(cycle)=Xbdc;

end
save Results_Cycle=15_A=230.mat

Energy analysis
% LHV = fuel LHV in kJ/kg
Energy.Fuel = 1000*Fuel_at*(cycle-1)*47000; %47000 is LHV
Energy.HR = Results.Q(end);
Energy.Alt = abs(trapz(Results.x,Results.Fw));
Energy.Fric = abs(trapz(Results.x,Results.Ff));

Plotting
close all
figure;plot(Results.x,Results.v)
xlabel('position [m]')
ylabel('velocity [m/s]')
grid on
grid minor
figure;plot(Results.v,Results.a)
xlabel('velocity [m/s]')
ylabel('acceleration [m/s^2]')
grid on
grid minor
figure(3);hold on
plot(Results.time,Results.Q)
xlabel('time [s]')
ylabel('total heat release [J]')
grid on
grid minor
hold off
figure;
plot((Results.x),(Results.P))
set(gca,'yscale','log')
xlabel('position [m]')
ylabel('pressure [Pa]')
grid on
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grid minor
figure
s1=subplot(3,1,1);
plot(Results.time,Results.x)
ylabel('position [m]')
grid on
grid minor
s2=subplot(3,1,2);
plot(Results.time,Results.v)
ylabel('velocity [m/s]')
grid on
grid minor
s3=subplot(3,1,3);
plot(Results.time,Results.a)
xlabel('time [s]')
ylabel('accleration [m/s^2]')
grid on
grid minor
linkaxes([s1 s2 s3],'x')
figure;
s1=subplot(2,1,1);
plot(Results.time,Results.P)
set(gca,'yscale','log')
ylabel('pressure [Pa]')
grid on
grid minor
s2=subplot(2,1,2);
plot(Results.time,Results.T)
xlabel('time [s]')
ylabel('temperature [K]')
grid on
grid minor
linkaxes([s1 s2],'x')
print('example', '-dpng', '-r1200')
figure;
plot(Results.time,Results.Fw,...
Results.time,Results.Fs,...
Results.time,Results.Ff,...
Results.time,Results.Fp)
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10.2 Modified version of GRI 3.0 mechanism (species reactions)
ELEMENTS
O

H C N AR

END
SPECIES
H2

H

O

O2

OH

H2O

HO2

H2O2

C

CH

CH2

CH2(S)

CH3

CH4

CO

CO2

HCO

CH2O

CH2OH

CH3O

CH3OH

C2H

C2H2

C2H3

C2H4

C2H5

C2H6

HCCO

CH2CO

HCCOH

N

NH

NH2

NH3

NNH

NO

NO2

N2O

HNO

CN

HCN

H2CN

HCNN

HCNO

HOCN

AR

C3H7

C3H8

CH2CHO

CH3CHO

HNCO

NCO

N2

END
!THERMO
! Insert GRI-Mech
default file

thermodynamics

here

or

use

in

!END
REACTIONS
2O+M<=>O2+M
.00

1.200E+17

-1.000

H2/ 2.40/ H2O/15.40/ CH4/ 2.00/ CO/ 1.75/ CO2/ 3.60/ C2H6/
3.00/ AR/.83/
O+H+M<=>OH+M
.00

5.000E+17

-1.000

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ O+H2<=>H+OH
3.870E+04
2.700
6260.00
O+HO2<=>OH+O2
.00

2.000E+13

.000

O+H2O2<=>OH+HO2
4000.00

9.630E+06

2.000
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O+CH<=>H+CO
.00

5.700E+13

.000

O+CH2<=>H+HCO
.00

8.000E+13

.000

O+CH2(S)<=>H2+CO
.00

1.500E+13

.000

O+CH2(S)<=>H+HCO
.00

1.500E+13

.000

O+CH3<=>H+CH2O
.00

5.060E+13

.000

O+CH4<=>OH+CH3
8600.00

1.020E+09

1.500

O+CO(+M)<=>CO2(+M)
2385.00

1.800E+10

.000

LOW/ 6.020E+14
O+HCO<=>OH+CO
O+HCO<=>H+CO2
O+CH2O<=>OH+HCO
O+CH2OH<=>OH+CH2O
O+CH3O<=>OH+CH2O
O+CH3OH<=>OH+CH2OH
O+CH3OH<=>OH+CH3O
O+C2H<=>CH+CO
O+C2H2<=>H+HCCO
O+C2H2<=>OH+C2H

.000

3000.00/
3.000E+13
3.000E+13
3.900E+13
1.000E+13
1.000E+13
3.880E+05
1.300E+05
5.000E+13
1.350E+07
4.600E+19

.000
.000
.000
.000
.000
2.500
2.500
.000
2.000
-1.410

.00
.00
3540.00
.00
.00
3100.00
5000.00
.00
1900.00
28950.00

H2/2.00/ O2/6.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/3.50/
C2H6/3.00/ AR/ .50/
O+C2H2<=>CO+CH2
O+C2H3<=>H+CH2CO
O+C2H4<=>CH3+HCO
O+C2H5<=>CH3+CH2O
O+C2H6<=>OH+C2H5
O+HCCO<=>H+2CO
O+CH2CO<=>OH+HCCO
O+CH2CO<=>CH2+CO2
O2+CO<=>O+CO2
O2+CH2O<=>HO2+HCO
H+O2+M<=>HO2+M

6.940E+06
3.000E+13
1.250E+07
2.240E+13
8.980E+07
1.000E+14
1.000E+13
1.750E+12
2.500E+12
1.000E+14
2.800E+18
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2.00 1900.0
.0
0.00 0
1.83
220.0
0
0
0.00
0 .0
1.92
5690.0
0
0
.0
0.00 0
.00
8000.0
0
0
.00
1350.0
0
0
.00
47800.0
0
0
.00
40000.0
0
0
-0
.0
0
.860
0

O2/ .00/ H2O/ .00/ CO/ .75/ CO2/1.50 C2H6/1.50/
.00/
.00/
H+2O2<=>HO2+O2
.0
/
N2/2.080E+19 AR/
H+O2+H2O<=>HO2+H2O
11.26E+18 1.240
.0
0
H+O2+N2<=>HO2+N2
2.600E+19 -.760
.0
0
H+O2+AR<=>HO2+AR
7.000E+17 1.240
.0
0
H+O2<=>O+OH
2.650E+16 .800 17041.0
0
2H+M<=>H2+M
1.000E+18 -.670 0
.0
0
H2/ .00/ H2O/ .00/ CH4/2.00/ CO2/ .00/ C2H6/3.00/ 1.000
AR/
.63/
7
2H+H2<=>2H2
9.000E+16 .0
2H+H2O<=>H2+H2O
6.000E+19 -.600
.0
0
2H+CO2<=>H2+CO2
5.500E+20 .0
1.250
0
H+OH+M<=>H2O+M
2.200E+22 .0
2.000
0
H2/ .73/ H2O/3.65/ CH4/2.00 C2H6/3.00 AR/ .38/
2.000
0
H+HO2<=>O+H2O
3.970E+12
.00
671.0
/
/
H+HO2<=>O2+H2
4.480E+13
.00
1068.0
0
0
H+HO2<=>2OH
0.840E+14
.00
0
0635.0
H+H2O2<=>HO2+H2
1.210E+07 2.00
5200.0
0
0
H+H2O2<=>OH+H2O
1.000E+13 0.00 3600.0
0
H+CH<=>C+H2
1.650E+14
.00
.0
0
0
H+CH2(+M)<=>CH3(+M)
6.000E+14
.00
.0
0
0
LOW / 1.040E+26
-2.760
1600.00/
0
0
TROE/

.5620

91.00

5836.00

8552.00/

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+CH2(S)<=>CH+H2
3.000E+13
.000
.00
H+CH3(+M)<=>CH4(+M)
536.00

13.90E+15

-.534

LOW / 2.620E+33
-4.760
2440.00/ TROE/
.7830
74.00
2941.00 6964.00 /
H2/2.00/ H2O/6.00/ CH4/3.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+CH4<=>CH3+H2
6.600E+08
1.620
10840.00
H+HCO(+M)<=>CH2O(+M)
-260.00

1.090E+12

LOW / 2.470E+24
-2.570
425.00/ TROE/
.7824 271.00
2755.00 6570.00 /
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.480

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+HCO<=>H2+CO
7.340E+13
.000
.00
H+CH2O(+M)<=>CH2OH(+M)
3600.00

5.400E+11

.454

LOW / 1.270E+32
-4.820
6530.00/ TROE/
.7187 103.00
1291.00 4160.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
H+CH2O(+M)<=>CH3O(+M)
5.400E+11
.454
2600.00
LOW / 2.200E+30
-4.800
5560.00/ TROE/
.7580
94.00
1555.00 4200.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
H+CH2O<=>HCO+H2
5.740E+07
1.900
2742.00
H+CH2OH(+M)<=>CH3OH(+M)
86.00

1.055E+12

.500

LOW / 4.360E+31
-4.650
5080.00/ TROE/
.600 100.00
90000.0 10000.0 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
H+CH2OH<=>H2+CH2O
2.000E+13
.000
.00
H+CH2OH<=>OH+CH3
-284.00

1.650E+11

.650

H+CH2OH<=>CH2(S)+H2O
610.00

3.280E+13

-.090

H+CH3O(+M)<=>CH3OH(+M)
50.00

2.430E+12

.515

LOW / 4.660E+41
-7.440
14080.0/ TROE/
.700 100.00
90000.0 10000.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
H+CH3O<=>H+CH2OH
4.150E+07
1.630
1924.00
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H+CH3O<=>H2+CH2O
.00

2.000E+13

.000

H+CH3O<=>OH+CH3
-110.00

1.500E+12

.500

H+CH3O<=>CH2(S)+H2O
1070.00

2.620E+14

-.230

H+CH3OH<=>CH2OH+H2
4870.00

1.700E+07

2.100

H+CH3OH<=>CH3O+H2
4870.00

4.200E+06

2.100

H+C2H(+M)<=>C2H2(+M)
.00

1.000E+17

-1.000

LOW / 3.750E+33
-4.800
1900.00/ TROE/
.6464 132.00
1315.00 5566.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+C2H2(+M)<=>C2H3(+M)
5.600E+12
.000
2400.00
LOW / 3.800E+40
-7.270
7220.00/ TROE/
.7507
98.50
1302.00 4167.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+C2H3(+M)<=>C2H4(+M)
6.080E+12
.270
280.00
LOW / 1.400E+30
-3.860
3320.00/ TROE/
.7820 207.50
2663.00 6095.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+C2H3<=>H2+C2H2
3.000E+13
.000
.00
H+C2H4(+M)<=>C2H5(+M)
1820.00

0.540E+12

LOW / 0.600E+42
-7.620
6970.00/ TROE/
.9753 210.00
984.00 4374.00 /
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.454

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ H+C2H4<=>C2H3+H2
1.325E+06
2.530
12240.00
H+C2H5(+M)<=>C2H6(+M)
1580.00

5.210E+17

-.990

LOW / 1.990E+41
-7.080
6685.00/ TROE/
.8422 125.00
2219.00 6882.00 /
H+C2H5<=>H2+C2H4
H+C2H6<=>C2H5+H2
H+HCCO<=>CH2(S)+CO
H+CH2CO<=>HCCO+H2
H+CH2CO<=>CH3+CO
H+HCCOH<=>H+CH2CO
H2+CO(+M)<=>CH2O(+M)

2.000E+12
1.150E+08
1.000E+14
5.000E+13
1.130E+13
1.000E+13
4.300E+07

.000
.00
1.900
7530.00
.000
.00
.000
8000.00
.000
3428.00
.000
.00
1.500 79600.00

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/
LOW / 5.070E+27
-3.420
84350.00/ TROE/
.9320 197.00
1540.00 10300.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ OH+H2<=>H+H2O
2.160E+08
1.510
3430.00
2OH(+M)<=>H2O2(+M)
.00

7.400E+13

-.370

LOW / 2.300E+18
-.900 1700.00/ TROE/
.7346
94.00
1756.00 5182.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/
2OH<=>O+H2O
-2110.00

3.570E+04

2.400

OH+HO2<=>O2+H2O
-500.00

1.450E+13

.000

2.000E+12

.000

DUPLICATE
OH+H2O2<=>HO2+H2O
427.00
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DUPLICATE
OH+H2O2<=>HO2+H2O
29410.00

1.700E+18

.000

OH+C<=>H+CO
.00

5.000E+13

.000

OH+CH<=>H+HCO
.00

3.000E+13

.000

OH+CH2<=>H+CH2O
.00

2.000E+13

.000

OH+CH2<=>CH+H2O
3000.00

1.130E+07

2.000

OH+CH2(S)<=>H+CH2O
.00

3.000E+13

.000

OH+CH3(+M)<=>CH3OH(+M)
1330.00

2.790E+18

-1.430

DUPLICATE

LOW / 4.000E+36
-5.920
3140.00/ TROE/
.4120 195.0
5900.00 6394.00/
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
OH+CH3<=>CH2+H2O
5.600E+07
1.600
5420.00
OH+CH3<=>CH2(S)+H2O
1417.00

6.440E+17

-1.340

OH+CH4<=>CH3+H2O
3120.00

1.000E+08

1.600

OH+CO<=>H+CO2
70.00

4.760E+07

1.228

OH+HCO<=>H2O+CO
.00

5.000E+13

.000

OH+CH2O<=>HCO+H2O
-447.00

3.430E+09

1.180

OH+CH2OH<=>H2O+CH2O
.00

5.000E+12

.000
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OH+CH3O<=>H2O+CH2O
.00

5.000E+12

.000

OH+CH3OH<=>CH2OH+H2O
-840.00

1.440E+06

2.000

OH+CH3OH<=>CH3O+H2O
1500.00

6.300E+06

2.000

OH+C2H<=>H+HCCO
.00

2.000E+13

.000

OH+C2H2<=>H+CH2CO
-1000.00

2.180E-04

4.500

OH+C2H2<=>H+HCCOH
13500.00

5.040E+05

2.300

OH+C2H2<=>C2H+H2O
14000.00

3.370E+07

2.000

OH+C2H2<=>CH3+CO
-2000.00

4.830E-04

4.000

OH+C2H3<=>H2O+C2H2
.00

5.000E+12

.000

OH+C2H4<=>C2H3+H2O
2500.00

3.600E+06

2.000

OH+C2H6<=>C2H5+H2O
870.00

3.540E+06

2.120

OH+CH2CO<=>HCCO+H2O
2000.00

7.500E+12

.000

2HO2<=>O2+H2O2
1630.00

1.300E+11

.000

4.200E+14

.000

-

DUPLICATE
2HO2<=>O2+H2O2
12000.00
HO2+CH2<=>OH+CH2O
HO2+CH3<=>O2+CH4
HO2+CH3<=>OH+CH3O

2.000E+13
1.000E+12
3.780E+13

.000
.000
.000

.00
.00
.00

DUPLICATE
HO2+CO<=>OH+CO2

1.500E+14
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.000 23600.00

HO2+CH2O<=>HCO+H2O2
5.600E+06
C+O2<=>O+CO
5.800E+13
C+CH2<=>H+C2H
5.000E+13
C+CH3<=>H+C2H2
5.000E+13
CH+O2<=>O+HCO
6.710E+13
CH+H2<=>H+CH2
1.080E+14
CH+H2O<=>H+CH2O
5.710E+12
CH+CH2<=>H+C2H2
4.000E+13
CH+CH3<=>H+C2H3
3.000E+13
CH+CH4<=>H+C2H4
6.000E+13
CH+CO(+M)<=>HCCO(+M)
5.000E+13
LOW /
1936.00/
TROE/
.5757 237.00
2.690E+28
3.7401652.00 5069.00 /

2.000 12000.00
.000
576.00
.000
.00
.000
.00
.000
.00
.000
3110.00
.000
-755.00
.000
.00
.000
.00
.000
.00
.000
.00

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ CH+CO2<=>HCO+CO
1.900E+14
.000
15792.00
CH+CH2O<=>H+CH2CO
-515.00

9.460E+13

.000

CH+HCCO<=>CO+C2H2
.00

5.000E+13

.000

CH2+O2=>OH+H+CO
1500.00

5.000E+12

.000

CH2+H2<=>H+CH3
7230.00

5.000E+05

2.000

2CH2<=>H2+C2H2
11944.00

1.600E+15

.000

CH2+CH3<=>H+C2H4
.00

4.000E+13

.000

CH2+CH4<=>2CH3
8270.00

2.460E+06

2.000

CH2+CO(+M)<=>CH2CO(+M)
4510.00

8.100E+11

.500

LOW / 2.690E+33
-5.110
7095.00/ TROE/
.5907 275.00
1226.00 5185.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ CH2+HCCO<=>C2H3+CO
3.000E+13
.000
.00
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CH2(S)+N2<=>CH2+N2
600.00

1.500E+13

.000

CH2(S)+AR<=>CH2+AR
600.00

9.000E+12

.000

CH2(S)+O2<=>H+OH+CO
.00

2.800E+13

.000

CH2(S)+O2<=>CO+H2O
.00

1.200E+13

.000

CH2(S)+H2<=>CH3+H
.00

7.000E+13

.000

CH2(S)+H2O(+M)<=>CH3OH(+M)
1145.00

4.820E+17

-1.160

LOW / 1.880E+38
-6.360
5040.00/ TROE/
.6027 208.00
3922.00 10180.0 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
CH2(S)+H2O<=>CH2+H2O
3.000E+13
.000
.00
CH2(S)+CH3<=>H+C2H4
-570.00

1.200E+13

.000

CH2(S)+CH4<=>2CH3
-570.00

1.600E+13

.000

CH2(S)+CO<=>CH2+CO
.00

9.000E+12

.000

CH2(S)+CO2<=>CH2+CO2
.00

7.000E+12

.000

CH2(S)+CO2<=>CO+CH2O
.00

1.400E+13

.000

CH2(S)+C2H6<=>CH3+C2H5
-550.00

4.000E+13

.000

CH3+O2<=>O+CH3O
30480.00

3.560E+13

.000

CH3+O2<=>OH+CH2O
20315.00

2.310E+12

.000
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CH3+H2O2<=>HO2+CH4
5180.00

2.450E+04

2.470

2CH3(+M)<=>C2H6(+M)
654.00

6.770E+16

-1.180

LOW / 3.400E+41
-7.030
2762.00/ TROE/
.6190 73.20
1180.00 9999.00 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/
2CH3<=>H+C2H5
10600.00

6.840E+12

.100

CH3+HCO<=>CH4+CO
.00

2.648E+13

.000

CH3+CH2O<=>HCO+CH4
5860.00

3.320E+03

2.810

CH3+CH3OH<=>CH2OH+CH4
9940.00

3.000E+07

1.500

CH3+CH3OH<=>CH3O+CH4
9940.00

1.000E+07

1.500

CH3+C2H4<=>C2H3+CH4
9200.00

2.270E+05

2.000

CH3+C2H6<=>C2H5+CH4
10450.00

6.140E+06

1.740

HCO+H2O<=>H+CO+H2O
17000.00

1.500E+18

-1.000

HCO+M<=>H+CO+M
17000.00

1.870E+17

-1.000

H2/2.00/ H2O/ .00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
HCO+O2<=>HO2+CO
13.45E+12
.000
400.00
CH2OH+O2<=>HO2+CH2O
900.00

1.800E+13

.000

CH3O+O2<=>HO2+CH2O
-3530.00

4.280E-13

7.600
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C2H+O2<=>HCO+CO
-755.00

1.000E+13

.000

C2H+H2<=>H+C2H2
1993.00

5.680E+10

0.900

C2H3+O2<=>HCO+CH2O
1015.00

4.580E+16

-1.390

C2H4(+M)<=>H2+C2H2(+M)
86770.00

8.000E+12

.440

LOW / 1.580E+51
-9.300
97800.00/ TROE/
.7345 180.00
1035.00 5417.00 /
C2H5+O2<=>HO2+C2H4
8.400E+11
.000
3875.00
HCCO+O2<=>OH+2CO
3.200E+12
.000
854.00
2HCCO<=>2CO+C2H2
1.000E+13
.000
.00
N+NO<=>N2+O
2.700E+13
.000
355.00
N+O2<=>NO+O
9.000E+09
1.000
6500.00
N+OH<=>NO+H
3.360E+13
.000
385.00
N2O+O<=>N2+O2
1.400E+12
.000 10810.00
N2O+O<=>2NO
2.900E+13
.000 23150.00
N2O+H<=>N2+OH
3.870E+14
.000 18880.00
N2O+OH<=>N2+HO2
2.000E+12
.000 21060.00
N2O(+M)<=>N2+O(+M)
7.910E+10
.000 56020.00
LOW / 6.370E+14
.000 56640.00/
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
HO2+NO<=>NO2+OH
2.110E+12
.000
-480.00
.625/
NO+O+M<=>NO2+M
1.060E+20 -1.410
.00
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
NO2+O<=>NO+O2
3.900E+12
.000
-240.00
.70/
NO2+H<=>NO+OH
1.320E+14
.000
360.00
NH+O<=>NO+H
4.000E+13
.000
.00
NH+H<=>N+H2
3.200E+13
.000
330.00
NH+OH<=>HNO+H
2.000E+13
.000
.00
NH+OH<=>N+H2O
2.000E+09
1.200
.00
NH+O2<=>HNO+O
4.610E+05
2.000
6500.00
NH+O2<=>NO+OH
1.280E+06
1.500
100.00
NH+N<=>N2+H
1.500E+13
.000
.00
NH+H2O<=>HNO+H2
2.000E+13
.000 13850.00
NH+NO<=>N2+OH
2.160E+13
-.230
.00
NH+NO<=>N2O+H
3.650E+14
-.450
.00
NH2+O<=>OH+NH
3.000E+12
.000
.00
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H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/
NH2+O<=>H+HNO
NH2+H<=>NH+H2
NH2+OH<=>NH+H2O
NNH<=>N2+H
NNH+M<=>N2+H+M
H2/2.00/ H2O/6.00/ CH4/2.00/
NNH+O2<=>HO2+N2
.70/
NNH+O<=>OH+N2
NNH+O<=>NH+NO
NNH+H<=>H2+N2
NNH+OH<=>H2O+N2
NNH+CH3<=>CH4+N2
H+NO+M<=>HNO+M
H2/2.00/ H2O/6.00/ CH4/2.00/
HNO+O<=>NO+OH
.70/
HNO+H<=>H2+NO
HNO+OH<=>NO+H2O
HNO+O2<=>HO2+NO
CN+O<=>CO+N
CN+OH<=>NCO+H
CN+H2O<=>HCN+OH
CN+O2<=>NCO+O
CN+H2<=>HCN+H
NCO+O<=>NO+CO
NCO+H<=>NH+CO
NCO+OH<=>NO+H+CO
NCO+N<=>N2+CO
NCO+O2<=>NO+CO2
NCO+M<=>N+CO+M
H2/2.00/ H2O/6.00/ CH4/2.00/
NCO+NO<=>N2O+CO
.70/
NCO+NO<=>N2+CO2
HCN+M<=>H+CN+M
H2/2.00/ H2O/6.00/ CH4/2.00/
HCN+O<=>NCO+H
.70/
HCN+O<=>NH+CO
HCN+O<=>CN+OH
HCN+OH<=>HOCN+H
HCN+OH<=>HNCO+H
HCN+OH<=>NH2+CO
H+HCN(+M)<=>H2CN(+M)

3.900E+13
.000
.00
4.000E+13
.000
3650.00
9.000E+07
1.500
-460.00
3.300E+08
.000
.00
1.300E+14
-.110
4980.00
CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
5.000E+12
.000
.00
2.500E+13
.000
.00
7.000E+13
.000
.00
5.000E+13
.000
.00
2.000E+13
.000
.00
2.500E+13
.000
.00
4.480E+19 -1.320
740.00
CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
2.500E+13
.000
.00
9.000E+11
.720
660.00
1.300E+07
1.900
-950.00
1.000E+13
.000 13000.00
7.700E+13
.000
.00
4.000E+13
.000
.00
8.000E+12
.000
7460.00
6.140E+12
.000
-440.00
2.950E+05
2.450
2240.00
2.350E+13
.000
.00
5.400E+13
.000
.00
0.250E+13
.000
.00
2.000E+13
.000
.00
2.000E+12
.000 20000.00
3.100E+14
.000 54050.00
CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
1.900E+17 -1.520
740.00
3.800E+18 -2.000
800.00
1.040E+29 -3.300 126600.00
CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
2.030E+04
2.640
4980.00
5.070E+03
2.640
4980.00
3.910E+09
1.580 26600.00
1.100E+06
2.030 13370.00
4.400E+03
2.260
6400.00
1.600E+02
2.560
9000.00
3.300E+13
.000
.00
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LOW /
1900.00/
1.400E+26
3.400
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
H2CN+N<=>N2+CH2
6.000E+13
.000
400.00
.70/
C+N2<=>CN+N
6.300E+13
.000 46020.00
CH+N2<=>HCN+N
3.120E+09
0.880 20130.00
CH+N2(+M)<=>HCNN(+M)
3.100E+12
.150
.00
LOW /
740.00/
1.300E+25
3.160 2117.00 4536.00 /
TROE/
.6670 235.00
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
1.0/
CH2+N2<=>HCN+NH
1.000E+13
.000 74000.00
CH2(S)+N2<=>NH+HCN
1.000E+11
.000 65000.00
C+NO<=>CN+O
1.900E+13
.000
.00
C+NO<=>CO+N
2.900E+13
.000
.00
CH+NO<=>HCN+O
4.100E+13
.000
.00
CH+NO<=>H+NCO
1.620E+13
.000
.00
CH+NO<=>N+HCO
2.460E+13
.000
.00
CH2+NO<=>H+HNCO
3.100E+17
-1.380
1270.00
CH2+NO<=>OH+HCN
2.900E+14
-.690
760.00
CH2+NO<=>H+HCNO
3.800E+13
-.360
580.00
CH2(S)+NO<=>H+HNCO
3.100E+17
-1.380
1270.00
CH2(S)+NO<=>OH+HCN
2.900E+14
-.690
760.00
CH2(S)+NO<=>H+HCNO
3.800E+13
-.360
580.00
CH3+NO<=>HCN+H2O
9.600E+13
.000 28800.00
CH3+NO<=>H2CN+OH
1.000E+12
.000 21750.00
HCNN+O<=>CO+H+N2
2.200E+13
.000
.00
HCNN+O<=>HCN+NO
2.000E+12
.000
.00
HCNN+O2<=>O+HCO+N2
1.200E+13
.000
.00
HCNN+OH<=>H+HCO+N2
1.200E+13
.000
.00
HCNN+H<=>CH2+N2
1.000E+14
.000
.00
HNCO+O<=>NH+CO2
9.800E+07
1.410
8500.00
HNCO+O<=>HNO+CO
1.500E+08
1.570 44000.00
HNCO+O<=>NCO+OH
2.200E+06
2.110 11400.00
HNCO+H<=>NH2+CO
2.250E+07
1.700
3800.00
HNCO+H<=>H2+NCO
1.050E+05
2.500 13300.00
HNCO+OH<=>NCO+H2O
3.300E+07
1.500
3600.00
HNCO+OH<=>NH2+CO2
3.300E+06
1.500
3600.00
HNCO+M<=>NH+CO+M
1.180E+16
.000 84720.00
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
HCNO+H<=>H+HNCO
2.100E+15
-.690
2850.00
.70/
HCNO+H<=>OH+HCN
2.700E+11
.180
2120.00
HCNO+H<=>NH2+CO
1.700E+14
-.750
2890.00
HOCN+H<=>H+HNCO
2.000E+07
2.000
2000.00
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HCCO+NO<=>HCNO+CO
CH3+N<=>H2CN+H
CH3+N<=>HCN+H2
NH3+H<=>NH2+H2
NH3+OH<=>NH2+H2O
NH3+O<=>NH2+OH
NH+CO2<=>HNO+CO
CN+NO2<=>NCO+NO
NCO+NO2<=>N2O+CO2
N+CO2<=>NO+CO
O+CH3=>H+H2+CO
O+C2H4<=>H+CH2CHO
O+C2H5<=>H+CH3CHO
OH+HO2<=>O2+H2O
DUPLICATE
OH+CH3=>H2+CH2O
CH+H2(+M)<=>CH3(+M)
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0.900E+13
6.100E+14
3.700E+12
5.400E+05
5.000E+07
9.400E+06
1.000E+13
6.160E+15
3.250E+12
3.000E+12
3.370E+13
6.700E+06
1.096E+14
0.500E+16

.000
-.310
.150
2.400
1.600
1.940
.000
-0.752
.000
.000
.000
1.830
.000
.000

.00
290.00
-90.00
9915.00
955.00
6460.00
14350.00
345.00
-705.00
11300.00
.00
220.00
.00
17330.00

8.000E+09
1.970E+12

.500
.430

-1755.00
-370.00

LOW/ 4.820E+2
5

-2.80

590.0 /

TROE/ .578

122.0

2535.0

9365.0 /

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/ CH2+O2=>2H+CO2
5.800E+12
.000
1500.00
CH2+O2<=>O+CH2O
1500.00

2.400E+12

.000

CH2+CH2=>2H+C2H2
10989.00

2.000E+14

.000

CH2(S)+H2O=>H2+CH2O
-935.00

6.820E+10

.250

C2H3+O2<=>O+CH2CHO
11.00

3.030E+11

.290

C2H3+O2<=>HO2+C2H2
-384.00

1.337E+06

1.610

O+CH3CHO<=>OH+CH2CHO
1808.00

2.920E+12

.000

O+CH3CHO=>OH+CH3+CO
1808.00

2.920E+12

.000

O2+CH3CHO=>HO2+CH3+CO
39150.00

3.010E+13

.000

H+CH3CHO<=>CH2CHO+H2
2405.00

2.050E+09

1.160

H+CH3CHO=>CH3+H2+CO
2405.00

2.050E+09

1.160

OH+CH3CHO=>CH3+H2O+CO
-1113.00

2.343E+10

0.730

HO2+CH3CHO=>CH3+H2O2+CO
11923.00

3.010E+12

.000

CH3+CH3CHO=>CH3+CH4+CO
5920.00

2.720E+06

1.770

H+CH2CO(+M)<=>CH2CHO(+M)
-1755.00

4.865E+11

0.422
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LOW/ 1.012E+42
TROE/ 0.465

-7.63

201.0

3854.0/

1773.0

5333.0 /

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
AR/ .70/ O+CH2CHO=>H+CH2+CO2
1.500E+14
.000
.00
O2+CH2CHO=>OH+CO+CH2O
.00

1.810E+10

.000

O2+CH2CHO=>OH+2HCO
.00

2.350E+10

.000

H+CH2CHO<=>CH3+HCO
.00

2.200E+13

.000

H+CH2CHO<=>CH2CO+H2
.00

1.100E+13

.000

OH+CH2CHO<=>H2O+CH2CO
.00

1.200E+13

.000

OH+CH2CHO<=>HCO+CH2OH
.00

3.010E+13

.000

CH3+C2H5(+M)<=>C3H8(+M)
.00

.9430E+13

.000

LOW/ 2.710E+74 -16.82
13065.0 / TROE/ .1527 291.0
2742.0 7748.0 /
H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
AR/ .70/ O+C3H8<=>OH+C3H7
1.930E+05
2.680
3716.00
H+C3H8<=>C3H7+H2
6756.00

1.320E+06

2.540

OH+C3H8<=>C3H7+H2O
934.00

3.160E+07

1.800

C3H7+H2O2<=>HO2+C3H8
1500.00

3.780E+02

2.720

CH3+C3H8<=>C3H7+CH4
7154.00

0.903E+00

3.650

CH3+C2H4(+M)<=>C3H7(+M)
5700.00

2.550E+06

1.600
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LOW/ 3.00E+63
TROE/ .1894

-14.6
277.0

18170./
8748.0

7891.0 /

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/
AR/ .70/ O+C3H7<=>C2H5+CH2O
9.640E+13
.000
.00
H+C3H7(+M)<=>C3H8(+M)
.00

3.613E+13

.000

LOW/ 4.420E+61 -13.545
11357.0/ TROE/ .315 369.0
3285.0 6667.0 /
H+C3H7<=>CH3+C2H5
OH+C3H7<=>C2H5+CH2OH
HO2+C3H7<=>O2+C3H8
HO2+C3H7=>OH+C2H5+CH2O

4.060E+06
2.410E+13
2.550E+10
2.410E+13

2.190
890.00
.000
.00
0.255 -943.00
.000
.00

H2/2.00/ H2O/6.00/ CH4/2.00/ CO/1.50/ CO2/2.00/ C2H6/3.00/ AR/
.70/

CH3+C3H7<=>2C2H5
0.320
.00

1.927E+13

END
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